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ABSTRACT D diameter of the pin fin
Dy duct hydraulic diameter
CFD simulations were performed to study the flow and f - friction factor, (2Dh{ pU?)(dP/dx)

heat transfer in a rectangular duct (W4 x Hg, where Wy/Hy = h he?‘t transfer C(,’efﬁcwnt qQ° /Ty~ Ty)
3) with a staggered array of circular pin fins (D=Hy/4) g E:iglﬁt ggﬁz gg;tﬁn
mounted on the two opposite walls separated by Hyq. For kd thefm al conductivity
this array of pin fins, five different pin-fin height (H) L length of the test section with the pin fins
combinations were examined, and they are (1) H=Hq=4D L, distance between walls to centers of pin fins next to the
(i.e., all pin fins extended from wall to wall), (2) H=3D on walls
both walls, (3) H=2D on both walls, (4) H=4D on one wall L, distance between pin fins in the streamwise direction
and H=2D on the opposite wall, and (5) H=3D on one wall L, distance between pin fins in the spanwise direction
and H=2D on the opposite wall. The H values studied give Nu  Nusselt number, hDy/k
H/D values of 2, 3, and 4 and C/D values of 2, 1, and 0, P pressure
where C is the distance between the pin-fin tip and the P’r’ Prandtl number2

. . q” heat flux (W/m”)
opposite wall. For all cases, the duct wall and pin-fin Re Reynolds number, pUDy/it
surface temperatures were maintained at T,, = 313.15 K; the T  temperature
temperature and the speed of the air at the duct inlet were T, bulk temperature
uniform at Tjye = 343.15 K and U = 8.24 m/s; the pressure T, wall temperature
at the duct exit was fixed at P, = 1 atm; and the Reynolds U mean velocity in the duct at the inlet
number based on the duct hydraulic diameter and duct inlet U, friction velocity, (t /p)**
conditions was Re = 15,000. This CFD study is based on 3- Wy width of the duct o
D steady RANS, where the ensemble averaged continuity, X coordinate in the streamwise direction
compressible Navier-Stokes, and energy equations are . normal distance from wall
closed by the thermally perfect equation of state and the % pUM L

. . . coordinate in the spanwise direction

two-equation realizable k-¢ turbulence model with wall 7 coordinate in the vertical direction

functions and with the low-Reynolds number model of Chen
and Patel in the near-wall region. The usefulness of this
CFD study was assessed by comparing predicted heat-
transfer coefficient and friction factor with available
experimental data. Results are presented to show how the
flow induced by arrays of pin fins of different heights
affects temperature distribution, surface heat transfer, and
pressure loss.

NOMENCLATURE

C clearance height (distance from the pin-fin tip to the opposite
wall)

1

Greek Symbols

p  density

t  wall shear stress
p  dynamic viscosity

INTRODUCTION

Advanced gas turbines are designed to operate at
increasingly higher turbine inlet temperatures for increased
thermal efficiency. Since the inlet temperatures employed
are much higher than allowable material temperatures,
cooling is needed for all parts of the turbine that come in
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contact with the hot gases. However, because cooling
requires work input, cooling must be achieved effectively
with minimum cooling flow and minimum pressure drop.
For internal cooling, a variety of heat-transfer enhancement
techniques have been used, and these include ribs, pin fins,
pedestals (pin fins that extend from one wall to the opposite
wall), concavities, and jet impingement.

Previous studies on heat-transfer enhancement by pin
fins and pedestals have focused on array configurations and
the cross-sectional shapes of the pin fins and pedestals [1-
12]. Armstrong & Winstanley [1] provided a review of the
literatures up to 1987 on pin fins and pedestals. Van Fossen
[2], Al Dabagh & Andrews [3] and Chyu, et al. [4-7]
reported heat transfer and pressure characteristics of pin fins
and pedestal arrays with different geometries and flow
conditions. For pedestals with height nearly equal to its
diameter, Chyu, et al. [4] suggested that the magnitude of
the area-averaged heat transfer from pin fins and the
neighboring endwall is comparable. Won, et al. [§]
investigated the heat transfer and the flow structures in a
rectangular channel with pin fins. They suggested that the
horseshoe vortex wrapping around a pin fin at the endwall
and the stagnation flow and wake about each pin fin are
major factors for the enhancement in heat transfer. Using a
hybrid measurement technique, Chyu, et al. [5] investigated
the effects of pin height-to-diameter ratio on the heat
transfer from both pin-fin surfaces and endwalls and
reported that the increase in pin-fin height leads to a higher
overall heat transfer, but with a greater pressure loss. Park et
al. [9] performed similar experiments using the naphthalene-
sublimation technique to examine the rotation effects on
heat transfer at the endwall. The overall averaged results
show similar patterns to those from Chyu et al. [5], but
rotation was found to induce noticeable differences in heat
transfer between the two endwalls.

While pin fins are often used to cool the airfoil’s
trailing edge, they serve another purpose there, and it is to
provide mechanical support in that very thin region with
cooling passages in it for cooling. As a result, all pin fins
extend from wall to wall in this region and hence the name,
pedestal, is used for such a pin fin. For other parts of the
airfoil, where the structure of the cooling passage itself is
sufficiently robust, the pin fins need not to extend from one
wall to the opposite wall for strength. Also, recent
developments of the so-called “double-wall,” “micro-circuit,”
or “skin” cooling for the main-body could utilize pin-fins
installed in a channel directly beneath the airfoil surface
[13-14]. These approaches, when used in conjunction with
cooling ducts in the main body section of an airfoil, provide
considerable flexibility for design innovation to further
improve the level of heat-transfer enhancement.

In this study, the focus is on pin fins that do not extend
from one wall to the opposite wall. When there is a gap
between the pin fin and the opposite wall, the gap creates an
additional source of turbulence generation that could
enhance mixing and surface heat transfer. Also, with a gap,
the pressure loss is expected to be less since the blockage is
less. Relatively few investigators have studied the effects of

the gap or clearance between the pin-fin tip and the
opposite wall. Virtually all previous studies pertaining to
pin-fin-tip clearance effects were directed at studying the
heat transfer over the portion of the cooling duct wall that
were not covered by pin fins. The experimental study by
Steuber & Metzger [15], who used short wooden pins that
are attached directly to a heated wall and do not touch the
opposite wall, is probably one of the earliest studies of this
kind. Their study used pins made of wood so that pins are
heat-transfer inactive. Also, in their study, the diameter of
the pins was made equal to the height of the channel so
that the pin-fin height-to-diameter ratio is always less than
unity. Their results suggested that pin-fin arrays with
shorter length pins consistently lead to lower heat-transfer
rates and reduced pressure loss. Arora & Abdel-Messeh
[16] later performed a similar study using a wide aspect
ratio channel. They concluded that the average heat
transfer rate decreases linearly with an increasing value of
clearance height to pin diameter (C/D) ratio. Chang, et al.
[10] measured the heat transfer from the endwall with C/D
ranging from 0 to 0.75. In their study, with pins made of
Teflon and so are also heat-transfer inactive, they found an
increase in the tip clearance changes the nature of
horseshoe vortices as well as the wakes and the separated
shear layer downstream to a pin, which collectively
reduces the endwall heat transfer and overall pressure loss.
However, if the performance index is “heat-transfer
enhancement per unit pressure drop”, then C/D = 0.25
emerges as the optimal instead of pin fins that extend from
wall to wall. Similar studies on the tip-clearance effects
for square pins (prisms) relevant to the cooling of
electronic components and wind engineering have also
been performed [11,12]. Unlike the aforementioned
studies on circular pin fins, the square pins are heated,
whereas the endwall is kept adiabatic. Dogruoz, et al. [12]
experimentally investigated the effects of clearance for
square prisms with C/D from unity to eight and reported
that the value of C/D has little effect on heat transfer
provided that the clearance is sufficiently large. On the
other hand, pressure drop decreases as C/D increases over
the entire range of C/D investigated.

Siw, et al. [17] experimentally studied a staggered
array of pin fins with different pin-fin heights that resulted
C/D =0, 1, and 2 in which the pin fins are also involved in
the heat transfer. They used transient liquid crystal
technique [18-21] to measure the surface heat transfer
coefficient. In that study, they found an increase in C/D to
lower heat-transfer enhancement and pressure drop with
C/D =1 exhibiting the highest heat-transfer enhancement,
followed by C/D =0 and C/D = 2.

The objective of this study is to computationally study
the experimental study of Siw, et al. [17] with the goal of
providing additional insights on how pin fins’ C/Ds and
H/Ds affect the flow, pressure drop, and surface heat
transfer. The organization of the remainder of this paper is
as follows. First, the problem studied is described. Then,
the problem formulation, the numerical method of solution,
and the results generated are presented and discussed.
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Fig. 1. Schematic of the experimental test section.

Fig. 2. Schematic of the cases studied (Table 1).

Fig. 3. Schematic of the computational domain.

Table 1: Summary of Cases

Case No. C/D H/D: top wall | H/D: bottom wall
1 0 4 4
2 1 3 3
3 2 2 2
4 0and 2 4 2
5 1 and 2 3 2

DESCRIPTION OF THE PROBLEM

In this section, the problem studied is described. Figure
1 shows the experimental test section of Siw, et al. [17].
This test section is a rectangular duct with width (Wy) of
76.2 mm (3 inches or 12D, D=0.25 inches) and height (Hy)
of 25.4mm (1 inch or 4D). Within this duct, a staggered
array of pin fins is mounted. Each pin fin has diameter (D)

of 6.35 mm (1/4 inch). The pin fins are arranged in a
staggered fashion with the spacing in the streamwise
direction (L) and the spacing in the spanwise direction
(Ly) being 2.5D (measured from the center of the pin fins).
The distance of the pin fins closest to the walls (L) are D
from the wall (again measured from the center of the pin).

A number of pin fin heights were investigated, and
they are C/D =0, 1, and 2 and H/D = 4, 3, 2. All cases
studied are summarized in Table 1 and illustrated in Fig. 2.
In Fig. 2, the red colored pin fins are mounted on the top
wall, while the blue colored pin fins are mounted on the
bottom (opposite) wall. There are a total of 17 rows of pin
fins with nine rows of pin fins with five pins per row
mounted on the top wall and eight rows of pin fins with
four pin fins per row mounted on the bottom wall. On the
top wall, there are a total of 45 pin fins. On the bottom
wall, there are a total of 32 pin fins.

In the experiment, the channels walls are made of
plexiglas. The low thermal conductivity of plexiglas is
necessary for the one-dimensional, semi-infinite heat
transfer model on which the local heat transfer coefficient
on the surface in between the adjacent pins is based. For
the pin fins, they are made of aluminum to ensure very
small Biot number so that each pin can be considered as a
lump unit with uniform temperature when computing heat
transfer coefficient on the pin-fin surfaces. The transient
liquid crystal technique [18,19] is used in this study to
measure the surface heat transfer coefficient. The detailed
operating principle of the hybrid measurement technique is
given in Chen and Chyu [20,21] with uncertainty analysis
based on Kline and McClintock [22].

The computational model of the experimental study is
shown in Fig. 3. The geometry of the computational
model is identical to that of the experimental model in the
test section. They differ, however, in the duct upstream
and downstream of the test section. The assortment of
ducts upstream of the test section in the experiment was
replaced by a straight duct of the same cross section as the
cross section of the duct at the test section in the
computational study. Thus, some effects of the turbulence
and secondary flows upstream of the test section in the
experiment will not be accounted for. Also, a duct with
the same cross section as that of the test section was
appended to the test section to ensure that flow conditions
at the outflow boundary is nearly uniform with no flow
reversal, and this is important for the accuracy of the CFD
solutions.

On operating conditions, for all cases in Table 1, the
duct wall and pin-fin surface temperatures were
maintained at T, = 313.15 K; the temperature and the
speed of the air at the duct inlet were uniform at Tiye =
343.15 K and U = 8.24 m/s; the pressure at the duct exit
was P, =1 atm. Siw, et al. [17] generated data for several
Reynolds numbers. In this computational study, the
Reynolds number simulated was Re = 15,000 based on the
hydraulic diameter of the unobstructed duct cross-section
(Dy) and the bulk mean momentum (pU) with dynamic
viscosity evaluated at the duct inlet temperature.
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FORMULATION OF PROBLEM,
NUMERICAL METHOD OF SOLUTION, AND CODE

In this study, the governing equations used are the
ensemble-averaged continuity, compressible Navier-Stokes,
and energy equations for an ideal gas. The effects of
turbulence were modeled by the two-equation realizable k-g
model [23] with and without wall functions. For the cases
without wall functions, integration of all equations is to the
wall, resolving the low-Reynolds number region of the
turbulent boundary layers. In the near-wall region, the two-
layer model of Chen and Patel [24] is used. This model
divides the turbulent flow field into two regions. One
region, referred to as the wall region, extends from the wall
to the edge of the fully turbulent region. The other region,
referred to as the core region, contains the rest of the
turbulent flow field which is fully turbulent everywhere. In
the wall region, the one-equation model of Wolfshtein [25]
is used for the turbulent kinetic energy and an algebraic
model is used for the length scale. In the core region, the
realizable k-¢ model is used.

Solutions to the governing equations were obtained by
using the ANSYS Fluent Version 12.0 code [26]. Since
only steady-state solutions were sought, the pressure-based
segregate solver is selected to generate solutions. In
particular, the SIMPLE pressure-velocity coupling scheme
is used. All equations were integrated over each cell of the
grid system or mesh. The fluxes for all equations at the cell
faces were interpolated by using the second-order upwind
scheme. Pressure equation was computed by using second-
order accuracy.

For all computations, iterations were continued until all
residuals for all equations plateau to ensure convergence to
steady state has been reached. At convergence, the scaled
residuals were always less than 10 for the three
components of the velocity, less than 107 for the energy,
less than 10 for turbulent kinetic energy, less than 10™ for
dissipation rate of turbulent kinetic energy, and less than
107 for the continuity equation.

The mesh for the computational domain was generated
by using Gambit code with map and cooper scheme plus
boundary-layer control.  To generate the mesh, the
computation domain was divided to 3 zones: leading zone,
test-section zone, and trailing zone. All cells generated are
quadrilateral. Two set of grids were used. One, referred to
as the baseline grid, has 3.5 millions cells in total. In the
test-section, it has 41 grid points along the duct height (Z-
direction, Fig. 3), about 101 grid points along the spanwise
direction (Y), and about 800 grid points along the
streamwise direction (X). The cells in the leading and
trailing zones are stretched so there are only 101 grid points
along the streamwise direction for each of those zones.
Each pin fin’s circumferential direction is resolved by 49
grid points. The grid spacing of the first cell normal to the
top wall is 6.35 x 10 m, which produces y' values between
10 and 20. This grid is used with Fluent’s “enhanced wall
treatment” wall function option, which allows the y* value
to be lower than typical 30 or 40 that are needed to enter the

log-law layer. A smaller y* value was used in order to
capture some of the physics of the horseshoe vortex at the
base of each pin fin. Figure 4 shows the baseline mesh for
Case 1 (Table 1).

/ Fig. 4. Baseline mesh used for Ca

The second mesh, referred to as the fine mesh, is
intended to be run with the low Reynolds number
turbulence model, where the integration of all equations is
to the wall so that the y* values of all first cells away from
walls is less than unity. For the C1 configuration, this fine
mesh has 11.5 million cells for just one quarter of the
computation domain. The symmetry of the ClI
configuration with pin fins extending from top wall to
bottom wall allows for this partitioning. For the fine mesh,
51 grid points are distributed along the duct height (half of
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channel height), about 91 grid points are distributed along
the spanwise direction (half the channel width), and about
800 grid points are distributed along the streamwise
direction. About 101 points are distributed along each pin
fin’s circumference direction. The grid spacing of the first
cell normal to the top wall is 1.27 x 10° m. For the finer
mesh, not only is the y* less than unity next to all solid
surface (walls of the duct and pin-fin surfaces), the
resolution in the interior of the flow domain is also almost
doubled. Figure 5 shows the fine mesh generated for the C1
configuration.

Fig. 5. Grid about a pin fin in the fine mesh for Case 1.
RESULTS

This section on results is organized into three parts.
The first part addresses the issue of wall functions (baseline
mesh) versus low-Reynolds number turbulence model (fine
mesh) in predicting the flow and heat transfer for the Case 1
(Table 1) configuration. The second step compares
predicted results with experimental measurements for Case
1. Thus, the first two parts are aimed at grid sensitivity and
validation. Once the error bounds in the computational
analysis are assessed, the third part presents the results
generated for the five cases in Table 1.

Wall Function versus Low-Re Number Model

Figures 6 to 9 compare results generated by using wall
functions (WF) on the baseline mesh (Fig. 4) with the
results generated by wusing a low-Reynolds number
turbulence model (low-Re) on a fine mesh (Fig. 5). From
Figs. 6 and 7, it can be seen that the temperature and
velocity magnitude distribution in the middle plane (Z=0)
predicted by WF and by low-Re are nearly the same. This
indicates that the stagnation and wake flow about each pin
fin away from the walls are captured by both the baseline
and the fine meshes. Figures 8 and 9 compare the
predictions about the wall, where the boundary layer next to
the wall forms a horseshoe vortex about each pin fin.
Figures 8 and 9 show the predicted surface heat transfer to
be qualitative similar, but quantitatively quite different, at
least locally. Basically, low-Re on the fine mesh predicted
much higher heat transfer on the wall upstream of each pin
fin when compared to WF on the baseline mesh. This is

expected since the horseshoe vortex about each pin fin at
the base of pin fin is better resolved by the low-Re on the
fine mesh. Though there are considerable differences in
heat transfer locally, the difference in the total heat
transferred to the top and bottom walls is not high. It is
65.36 W for the low-Re and 61.90 W for the WF, which
gives a percent difference of 5.4%. This indicates WF to
give reasonable results on overall heat transfer rate when
compared to low-Re. This is important since the low-Re
model requires much more cells than WF (11.5 x 4 million
versus 3.5 million for a complete duct).
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Fig. 6. Temperature and streamlines in middle plane (Z=0) for
Case 1. Left: WF on baseline mesh. Right: low-Re on fine mesh.
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Fig. 7. Velocity magnitude (Vmag, m/s) in middle plane (Z=0)
for Case 1. Left: WF on baseline mesh. Right: low-Re on fine
mesh.
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Fig. 8. Heat flux (q”, W/m?) on top/bottom wall. Top half: Case
1 with fine mesh. Bottom half: Case 1 with baseline mesh.

Comparing CFD Predictions with Experimental Data

Figure 10 shows the computed and measured heat-
transfer coefficient (h = q”/(Ty, - Ty)) on the top/bottom
wall for Case 1 in Table 1. Throughout this study, the bulk
temperature (T,) needed to compute h is given by linearly
interpolating T, computed at the beginning of the “test
section” and the T, computed at the end of the “test section”
of the computational domain.
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Fig. 9. Heat-transfer coefficient along center line (Y=0) on
top/bottom wall for Case 1. C1 denotes baseline mesh and C6
denotes fine mesh.

From Fig. 10, it can be seen that the resolution of the
experiment and the resolution of the CFD are different. The
resolution of the experiment is such that it averages some
peaks and valleys in the data. However, the overall features
can still be seen such as the high heat transfer on the duct
wall just upstream of each pin and the increased heat
transfer downstream of each pin fin from the horseshoe
vortex that wraps around each pin fin. Qualitatively, the
distribution of the heat-transfer coefficient predicted by
CFD appears to agree with the experimental measurement.
Quantitatively, however, CFD predictions were lower than
the measured data by as much as 30 to 40%. This indicates
that both the enhanced wall function and the two-layer
model used are unable to capture the heat transfer in the
near-wall region with sufficient accuracy quantitatively.

B [T

h: 20 40 60 80 100 120 140 160 180 200

4 5
X (Inch)

(a) CFD prediction (this study). Top Half: low-Re model on

fine mesh. Bottom Half: WF on baseline mesh.

(b) Experimental measurement (Siw, et al. [17]).

Fig. 10. Measured heat-transfer coefficient (h, W/m*-K) on
top/bottom wall for Case 1.

Figure 11 shows the computed and the measured
normalized friction factor f/f; for all five cases in Table 1.
The fin f/f, is defined by (2D,/pU?)(dP/dx). As can be seen
in Fig. 12, the pressure gradient in the region containing
the pin fins vary almost linearly. Thus, dP/dx is
approximated by (average pressure at X =317.5 mm (S17)
— average pressure at X = 63.5 mm (S1)) / (317.5 mm —
63.5 mm); see Fig. 12 on the location of S1 and S17 The
fo in f/fy is the friction factor for a fully developed
turbulent flow in a smooth channel. The formula
developed by Petukhov was used in this study, and it is

f =(0.790InRe—1.64)> 3000<Re<5x10°

In Fig. 11, the CFD results were obtained by using the
“enhanced wall function” on the baseline grid with and
without pin fins to get f and f,. Figure 11 shows the CFD
with enhanced wall functions can capture the friction
factor with reasonable accuracy.
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Fig. 11. Normalized friction factor,
where C# denotes Case # in Table 1.

Fig. 12. Variation of average stagnation pressure along duct
(symbols denotes locations where pressure was averaged).
C# denotes Case # in Table 1.

Effects of Pin-Fin Height on Flow and Heat Transfer

Figure 12 shows the variation of the stagnation pressure
along the test section for all five cases. From this figure, it
can be seen that pressure loss is a strong function of C/D.
The lower the C/D, the higher the pressure loss.

Figures 13 to 18 show the CFD results obtained on the
baseline mesh with the enhanced wall functions invoked for
the five cases in Table 1. Figure 13 show the temperature
distribution in the middle plane between the top and bottom
walls with projected streamlines. From this figure, a wake
can be seen behind each pin fin that extend beyond the
middle plane. Though not shown in detail, the wake behind
each pin fin consists of a pair of counter-rotating vortices
that do not shed. The size of this wake is largest at the base
of the pin fin where the wake and the horseshoe vortex
interact. This figure also shows the thermal boundary layer
from the two side walls and about each fin.

Figure 14 shows the shear stress on the top and bottom
walls, where the pin fins are mounted. Shear stress on the

top and bottom walls is high when the flow is accelerated
around each pin fin and when the horseshoe vortex
wrapped around each pin fin. It is also higher when there
is clearance height between the wall and pin fin mounted
on the opposite wall. This is because the tip of each pin
fin induces a separated region and creates additional
turbulence for mixing. The shear stress is low near
stagnation regions and where streamlines come together.
Heat transfer rate is expected to be high in the region about
the stagnation zone, and regions where streamlines
converge because the fluid away from wall is transported
to the wall, which will increase the temperature gradient.
Heat flux is also expected to be high where turbulence is
high since it increases mixing.

Figure 15 shows the local heat flux about pin fins at
the top and bottom walls where the pin fins are mounted.
When the pin fins extended from wall to wall (Case 1:
C/D=0 & H/D=4), the heat flux on the top and bottom
walls is highest just upstream and around every pin fin
because of the horseshoe vortex about each pin fin. The
heat flux is lowest in regions just upstream of the
horseshoe vortices, where the flow is slowing down and
the two separated regions just behind the pin fins. For
Case 2 (C/D=1 & H/D=3), where pin fins from opposite
walls extend to three-forth of the duct height, heat flux is
also high in regions between pin fins in the streamwise
direction because of the turbulence and separation created
at the tip of the pin fins from the opposite wall. For this
case, locations of the minimum heat flux are in the two
separated regions just behind each pin fin and where
streamline converge but move away from the walls
(instead of towards the wall) located at about D upstream
of and mid way between the columns of pin fins in the
spanwise (Y) direction. For Cases 3 to 5, where pin fins
on opposite walls extend to greater or less than the pin fins
in Case 2, one can see the effects of the clearance height
on heat transfer.

Figure 16 shows the heat transfer coefficient
computed on the top wall for all five cases. Figures 17 and
18 show the heat-transfer coefficient along the centerline
(Y=0) on the top and bottom walls. These figures show
the effects of clearance height in a quantitative way.

Effects of C/D and H/D

Figures 19 to 21 show the net heat transferred. Figure
19 shows that Case 1 (C/D=0, H/D=4) has the highest
overall heat transfer, which is followed by Case 2 (C/D=1,
H/D=3), Case 4 (C/D=0, H/D=4 & C/D=2, H/D=2), Case 5
(C/D=1, H/D=3 & C/D=2, H/D=2), and Case 3 (C/D=2,
H/D=2). The main reason is that heat transfer from the pin
fins dominated, and their order from high to low is the
same as that given above, and it is based on total surface
area of the pin fins.
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in mid plane (Z=0).

Fig. 14. Shear stress (Pa) on top and bottom walls.
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Fig. 15. Heat flux on top and bottom walls.
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Fig. 16. Computed heat-transfer coefficient on the top wall.
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Fig. 17. Computed heat-transfer coefficient along center

line of top wall (Y=0, Z=H4). C# denotes Case # in Table 1.
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Fig. 19. Heat transfer contribution by pin fins (red) and top
and bottom walls

Fig. 18. Computed heat-transfer coefficient along center
line of bottom wall (Y=0, Z=0). C# denotes Case # in
Table 1.

Fig. 20. Total heat transfer from top wall, bottom wall,
and pin fins in test section for the five cases studied.
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If only the heat transfer from the top and bottom walls
are considered, then Case 3 has the highest heat transfer,
followed by Case 5, Case 2, Case 4, and Case 1. The

percent difference between Case 3 and Case 1 is only 11.1%.

Thus, the effects of the C/D and H/D is not high from the
heat transfer perspective. Figure 20 gives more details on
the heat transfer from the top wall and the heat transferred
from the bottom wall. Though there are differences, they
are not significant.

Figure 21 gives the heat-transfer enhancement in terms
of Nur normalized by Nu, for a smooth duct. Nu, is based
on the Dittus-Boelter correlation for forced convection
turbulent flow inside smooth ducts, and is given by

Nu, = 0.023Re®® Pr%?®

The power on the Pr number is 0.3 because the wall is
cooler than the fluid. The magnitude of Nur is calculated by
combining the contribution from both endwalls and pin-fins
and weighted by the size of the wetted area; i.c.,

_ YNu, xA; +3 Ny, A,
T A, +EA,

In terms of Nut/Nuoy, Case 1 has the highest heat-transfer
enhancement at about 2.75, followed by Case 2 (2.6), Case
4 (2.5), Case 5 (2.5), and Case 3 (2.25).

Figure 22 shows the loss in stagnation pressure for the
five cases. The loss in stagnation pressure is the lowest for
Case 3 (142.5 Pa), followed by Case 5, Case 2, Case 4, and
Case 1 (373.2 Pa). The percent difference from the highest
and the lowest at 61.8% is significant. Pressure loss is
primarily due to H/D or the surface area of the pin fins’ side
walls.

Figure 23 shows the total heat transfer in the test
section divided by the loss in stagnation pressure across the
test section. Though this parameter is dimensional, it gives
a measure of two important objectives, namely high heat
transfer and low pressure drop. Based on this parameter,
Case 3 (C/D=2, H/D=2) is best, followed by Case 5, Case 2,
Case 4, and Case 1.

Nu

3

2.5 X X

C1 Cc2 C3 C4 C5

Fig. 21. Heat transfer enhancement, Nut/Nu,, where Nuy is
for the smooth duct without pin fins.
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Fig. 22. Total loss in stagnation in test section for the five
cases studied.

Fig. 23. Performance metric - total heat transfer/total
pressure loss - for the five cases studied.

CONCLUSIONS

This CFD study based on steady RANS with the
realizable k- model and “enhanced” wall functions (y" of
the first cell between 10 and 20) show that pin fins’
clearance height-to-diameter ratio (C/D) and height-to-
diameter ratio (H/D) have significant effects on surface
heat transfer and loss in stagnation pressure. Of the C/D (0,
1, and 2) and H/D (4, 3, 2) studied at a duct Reynolds
number of 15,000, it was found that the heat transferred
from the pin fins were higher than the heat transfer from
the two walls on which the pin fins are mounted. For the
range of parameters studied, the lower the C/D, the higher
is the heat transfer and the loss in stagnation pressure.
Conversely, the higher the C/D, the lower is the heat-
transfer and the loss in stagnation pressure. Based on the
parameter, the ratio of total heat-transferred to total loss in
stagnation pressure, the case with C/D=2 and H/D=2 was
found to be the best.
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