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Abstract

Turbines work under actual pulsating flow conditions due
to the operating characteristics of a reciprocating internal
combustion engine. The pulsating flow conditions affect the
flow fields in a turbine, and lead to obvious difference between
actual and steady performance. A three-dimensional numerical
investigation into mixed flow turbine under different kinds of
pulsating flow conditions was conducted, in order to get an
inner sight of the unsteady impact. The effects of the pulsation
frequency and amplitude on the turbine performance were
analyzed. The results show that the period average performance
of the turbine under pulsating conditions is lower than the
steady performance under the mean pulsating conditions. The
actual power output varies little with the pulsation frequency
changing, while the phase lag increases as the pulsation
frequency increases. The unsteady characteristics become more
obvious when the pulsation amplitude increases. Under the
pulsating flow conditions, of which amplitude is 0.8, the period
average efficiency is 4.11 percent lower than the steady
efficiency. The flow fields fluctuate seriously under this high
pulsating flow conditions. The occurrence and vanishing of the
votex are dynamic procedures, and hysteresis effect is observed
in the unsteady flow.

1 INTRODUCTION

Oil remains the world largest energy source, and it
accounts for 33.2%][1] of the world total primary energy supply
in 2008. Transport is the world’s fastest growing form of energy
use[2]. It shows that transport accounts for about 61.4% of
world oil consumption in 2008, which has increased
significantly from 45.3% in 1973[1]. On the other hand,
greenhouse gases like carbon dioxide (CO2) have been
increasing over the past decades, and this leads to more
apparent impact on the world environment and climate.
Economic growth contributes to the increasing demand for
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transport. In 2008 the transport produced nearly 22% of the
global CO2 emissions[3]. Global demand for transport appears
unlikely to decrease in the foreseeable future; it is projected
that transport will grow by 45% by 2030[4].

The internal combustion engine (ICE) is the most common
powertrain technology for load transportation. Therefore
improving the efficiency of ICE is an effective way to reduce
world fuel consumption and CO2 emissions. Actually only
about 25 percent of the energy contained in the fuel is
converted into net power and delivered to the wheels, while
other about one third of the energy is lost within exhaust[5].
These proportions may vary with different vehicle or engine
types and operating conditions, but they give a good view of
where gains can be achieved to improve the overall engine
thermal efficiency and reduce CO2 emission.

The energy in the exhaust is considerable, so it is
reasonable to recovery energy from the exhaust and improves
the engine efficiency. The ICE waste heat recovery
technologies, like turbocharging and turbocompounding, are
widely studied and applied nowadays. In these applications,
turbines are commonly used to extract energy from the exhaust
then drive compressor or generator. The performance of the
turbine will directly determine the efficiency of the waste heat
recovery system, further influence the performance of ICE.
Therefore, good aerodynamic performance of turbine is
apparently demanded for an efficient ICE with waste heat
recovery system.

Actually, turbines are under natural pulsating flow
conditions due to the operating characteristics of a
reciprocating internal combustion engine. This leads to a more
complex and unsteady flow in a turbine. Until now, there have
been some effective experimental and numerical studies of the
performance of turbines under pulsating conditions[6-10], and
showed occurrence of significant deviation of steady and actual
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performance of the turbine, while the instantaneous efficiency
formed a loop around the steady efficiency. Therefore, the
approach of evaluating the behaviors within a turbine under
steady or quasi-steady flow conditions may be handy and
simple.

The volute prior to the rotor has significant influence to the
unsteady behavior under pulsating flow conditions. On one
hand the volume of volute has “filling and emptying” effect; on
the other hand the geometry of the volute and rotating of rotor
cause complex flow around the periphery of the rotor. It is
reasonable to model the full rotor stage and the volute, even
together with the manifold, in numerical simulations. However
in such cases, the total mesh number would easily reach dozens
of million level, when a dependable mesh density is employed.
The unsteady simulation with such a mesh will requires
substantial computation resources, and the computing time is
normally unacceptable.

Although the volute has effects on the flow entering the
rotor, the rotor is still exposed to pulsating flow[11]. It is
necessary to evaluate the dynamic behavior in the rotor under
pulsating flow conditions. Here in this paper, the numerical
simulation model of the mixed flow turbine rotor was built and
performed under different kinds of pulsating conditions. The
effects of the pulsation frequency, amplitude on the turbine
performance and flow fields were analyzed.

2 NUMERICAL METHOD

The computational fluid dynamics code NUMECA has
been applied. The Navier-Stokes equations for the relative
velocities in a rotating frame can be expressed as:
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Where (J is the vector of the conservative variables,
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vectors:
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The source term vector Q contains contributions of
Coriolis and centrifugal forces and is given by
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Sparlart-Allmaras[12] turbulence model has been applied
in order to get good accuracy and computing efficiency. The
flow solver is based on a cell centred finite volume approach,
associated with Jameson’s center scheme as space discretization
together with an explicit Runge-Kutta time integration method.

The dual time stepping approach was applied for the
unsteady calculations, which consists in adding to the time
dependent Navier-Stokes equations pseudo-time derivative
terms. At each physical time step, a steady state problem is
solved in a pseudo time and all available acceleration
techniques such as multigrid, local time stepping and implicit
residual smoothing can be applied. Then for unsteady flow

simulations the Reynolds-Average Navier-Stokes equations can
be exp ressed as:

sl TS,

Where tis the phy5|cal time and t is the pseudo time, ST
are the source terms.

At the inlet boundary of the numerical model, the absolute
total pressure, total temperature and direction of the absolute
velocity were imposed. Given that the rotor was accommodated
in a nozzleless volute, the direction of the absolute velocity
vector was obtained from the one-dimensional flow analysis of
the volute [13, 14]. The ideal one-dimensional model of volute
flow is based incompressible flow theory with constant angular
momentum. The inlet flow angle was derived by the following
equation.

! +”F .dS = msmv
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Where A, and r, are the area and mean radius of the volute
inlet; A; and r; are the inlet area and radius of the rotor
respectively; b, is the height of blade leading edge.

Different kinds of inlet total pressure boundary were given
in the simulations, in order to investigate the effect of the
pulsating conditions on the turbine. The total pressure imposed
has certain average value and varies in certain amplitude with

= arctan

=arctan
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sinusoidal function. It is should be noticed that the actual
exhaust pulse of the ICE is not simply following sinusoidal
function. Here giving the sinusoidal pulsation is in a simplified
consideration, and this would more easier to discuss the effects
of different pulsation characteristics.

The simulative pulsations of total pressure at the inlet with
different frequencies and amplitudes are shown in Fig.1(a) and
(b) respectively. The abbreviations “Fre”, “Pr”, “Amp” in the
legend represent pulsating frequency, average expansion ratio
and pulsating amplitude respectively. The parameter “Amp” is
defined as:

pOl,max - pOl,min
2: ( pOl,ave - p2)
Where Popmax + Pormin @d  Popae are the maximum,

minimum and average value of the instantaneous inlet total
pressure, and P, is outlet static pressure.

Amp = (2)
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Fig.1 Absolute pressure imposed at the inlet

At the outlet boundary, the static pressure is assumed to be
uniform in the tangential direction and the static pressure at a
specific radius is given. The pressure distribution in the outlet
section is then found by integrating the following equation:

oV

or P r

The remaining dependent variables on the outlet boundary
are obtained from the interior field through extrapolation.
Adiabatic and no-slip solid wall boundary conditions are
imposed.

The numerical method introduced above was validated by
the experiment data of Imperial College fourth generation
mixed flow turbine (Turbine D)[15]. The time-average inlet
total temperature and outlet static pressure were imposed, and
the inlet total pressure was given varying with time. All these
parameters were directly from the experiment data. The

comparisons of the predicted and experimental results under
20Hz pulsation at 80% equivalent speed are illustrated in Fig.2.

Reasonable agreement is observed between predicted and
experimental performance, though there is obvious phase shift

between the predicted and experimental torque traces.
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Fig.2 Comparisons of the predicted and experimental
data

3 GEOMETRY AND GRIDS

The meridional and 3D view of the mixed flow turbine
rotor simulated in this paper is shown in Fig.3, and the
geometry details are listed in Tab.1. Only the rotor stage is
simulated without the volute, and the computational grids are
plotted in Fig.4. Periodic boundaries have been applied, thus
only one blade passage has been modeled. The inlet and exit
boundary conditions have been projected about two-thirds axial
chord from the turbine leading and trailing edges. Structured
hexahedron multi-block topology is employed, and the grids
consist of a total of 9 mesh blocks leading to overall 789,980
grid points, which is a high mesh density for single passage
simulation. H-topology is used in the inlet, outlet and main
flow passage domains, whilst C-topology is used around the
blade. The grid is refined at the near-wall, leading and trailing
edge, and the y+ value is controlled less than 5 in order to
properly capture the high gradients inside the boundary layer.

F|gS Ge\okmé\t‘r‘ykaf the mixed flow turbine
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Tab.1 Geometric details of the turbine

Parameter Value

Inlet tip diameter 136.2 mm
Inlet hub diameter 114.7 mm
Outlet tip diameter 117.3 mm

Outlet hub diameter 35.3 mm
Tip gap height 0.6 mm
Cone angle 30<
Number of blades 12

Shroud

Outlet

Fig.4 Computational grids of the turbine
1

Leading Edge

Trailing Edge

Outlet

Fig.5 Passage cross sections

4 RESULTS AND DISCUSSION

The simulations of the turbine running at 50,000 rev/min
under pulsating flow conditions, shown in Fig.1l, were
performed. The unsteady computations that restarted from fine
convergent steady solutions, reached considerable periodic
conditions after three full pulse periods, and ran finally about
four full periods. The difference between mass flow rate at inlet
and outlet is less than 3%, which is an acceptable error since
take the time lag into account.

4.1 Propagation of disturbance

The pulsation imposed at the inlet boundary propagates
through the turbine. This results in a finite time lag between the
parameters traces measured at different locations in the turbine.
This would be an issue when the instantaneous turbine
efficiency is calculated, because the power output is calculated
from the force on the blade while the isentropic power is
calculated from the parameters at the inlet and outlet. In order
to correct the time lag, the propagation speed of the parameters,
like energy, should be evaluated. Several approaches have been
employed by the researchers, that were sonic velocity
approach[8, 11, 16], bulk flow approach[17, 18] and bulk flow
plus sonic velocity approach[19-21].

For the purpose of evaluating the propagation of the
disturbance, an unsteady computation with a short physical
time step was conducted. The inlet pulse frequency, average
expansion ratio and amplitude are 75Hz, 1.72 and 0.5
respectively, as shown in Fig.1. The physical time step is 6.667
=10, that means 200 time steps are computed in a pulse
period.

The variations of the weighted average value of different
parameters at 5 cross sections are presented in Fig.6. The 5
passage cross sections chosen, which are near inlet, leading
edge, middle of chord, trailing edge and outlet respectively, are
shown in Fig.5. The weighted average value of the section is
derived by equation(3).

Iq-p-VV-d§

S

:—q p—y 3

q [p 68 (3)

S

The instantaneous isentropic work is calculated from the

weighted average instantaneous total temperature and total

pressure on each section, together with period average outlet
static pressure:

y-1

D 4
pout

Poi,ins

P =m. C -Foi,ins 1-

ise,ins ins~p

(4)

Wher F’ise is isentropic work; mis mass flow rate; c, is

specific heat capacity at constant pressure; T is temperature, p
is pressure; the subscript ins, 0, i denote instantaneous value,
stagnation condition, and number of the cross section
respectively. ¢, and y are assumed constant in the computation.
It is shown clearly in Fig.6 that the parameters vary
obviously across the blade passage, and there exists a time lag
as the disturbance propagating. Since the pulsating boundary
imposed at the inlet is following sinusoidal function, the
parameters on the sections have similar trend. Therefore the
difference of the time when first crest/though appears would be
assumed to be the parameter time lag. The physical time step
numbers when the first crest/though appear and time lag of the
parameters between the inlet and outlet are given in Tab.2.
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Fig.6 Disturbance on the cross sections in one period

Tab.2 Time lag of the parameters

Parameter Pressure Temperature  Isentropic work

Inlet(step) 51/200 48/200 50/200
Outlet(step) 56/200 64/200 53/200

Lag(step) 5/200 16/200 3/200
Time lag(s) ~ 3.33x10™ 1.07x107 2.00x10™

Tab.3 Characteristic speed and time

W, T T+W,
Speed(m/s) 138.69 549.72 688.41
Time(s) 9.58x10™ 2.42x10™ 1.93x10™

In order to evaluate the propagation speed of the
disturbance, three characteristic speeds were calculated, that are
average meridional velocity (W), local sonic speed (c), and
W, +c. All the values were averaged from the 5 cross sections:

5__ 5 —
.G W 2 W, )

’ —_—

E: m:
5 5

The meridional distance from the inlet to outlet at 50%
span is about 132.83mm. The characteristic time, which derived
from this distance and the characteristic speeds, is shown in
Tab.3. Comparing the time lag in Tab.2 and the characteristic
time in Tab.3, it is suggesting that the temperature disturbance
propagates near bulk flow speed, and the pressure disturbance
propagates near sonic speed, while the isentropic energy shows
an even higher speed. Different parameters have different
propagating procedures in the rotor, thus using a certain time to
shift the parameters will not precisely correct the time lag. On
the other hand, the power output is from the gases in the rotor,
whilst the parameters measured at defined locations, like inlet
or outlet, are time depended. Even if the time lag between
different measure locations is corrected precisely, it still cannot
represent all the gas in the rotor passage. Because that the gases
in the passage driving the rotor are accumulated in finite time,
but not in an instant. Consequently the turbine parameters are
plotted as function of time in this paper, and time-averaged
values are used to evaluate the mean performance.

4.2 Effects of pulsation on turbine performance

In order to investigate the effect of the pulsation frequency
on the turbine performance, the simulations were performed
under three pulsation frequencies while the pulsation amplitude
(Amp=0.5) and average total pressure (Pr=2.0) were kept
constant. The three pulsation frequencies were 40Hz, 75Hz and
120Hz, that are corresponding to a four-stroke, six cylinder
engine running at 800, 1500 and 2400 rev/min respectively (for
a single entrance volute turbine). The inlet total pressure
imposed at the boundary is shown in Fig.1(a).

In order to capture enough flow phenomena in one
pulsation period and take the computing efficiency into
account, the physical time step was specified as one fortieth of
the pulsation period long in these and the following
computation cases. That means the physical step is depended on
the pulsation frequency of the boundary, and 40 time steps are
computed in each pulse period.

The actual power was calculated from the torque and
angular velocity. Turbine torque was derived by integrating the
element torque on the blade surface, as equation(6). The
isentropic power was derived from the parameters at the inlet
and outlet. In order to comparing the actual performance to
steady performance under the mean conditions, a relative power
value was calculated, which is the product of the instantaneous
isentropic power and the steady efficiency under mean
pulsating flow conditions.

MZ!rX(ﬁﬁ)dS (6)
~ LT P, dt LT M
" IT P dt = )
o I me, Ty, 1—[&}
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Fig.7 Instantaneous power under different pulsation
frequencies

Plot the instantaneous power, isentropic power and relative
power under different frequency pulsating flow conditions in
Fig.7. The isentropic power values at a certain time are similar
under the three frequencies, so that the three isentropic power
traces almost overlap with each other. Since the relative power
was calculated from isentropic power, they have the same
phase. It is obvious that there is phase lag between the actual
power and isentropic power. The phase lag increases as the
pulsation frequency increases. Taking the phase lag into
consideration, the actual power output varies little with the
pulsation frequency changing. Near the 1/4 period time, the
difference between actual power and relative power is largest.
This caused by two reasons, firstly the isentropic work is larger
in this time region, secondly the instantaneous performance of
the turbine is much worse than the steady performance under
the mean pulsation conditions.

The time-average efficiency under pulsating conditions
was calculated by equation (7) to evaluate the cycle average
performance, given in Tab.4. 47 is the deviation of the unsteady
time-average efficiency from the steady efficiency under pulse
mean condition. The steady efficiency equals 78.17%. Tab.4
shows that the time-average efficiencies under different
pulsation frequencies are similar, and they are all lower than the
steady efficiency.

Tab.4 Time-average efficiency under different
pulsation frequencies

Frequency 40Hz 75Hz 120Hz
n 76.48% 76.50% 76.55%
An -1.69% -1.67% -1.62%

Tab.5 Time-average efficiency under different
pulsation amplitudes

Amplitude 0.1 0.3 0.5 08
n 78.09%  77.52%  76.50%  74.06%
An -0.08%  -0.65% -167% -4.11%
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Fig.8 Instantaneous power under different pulsation
amplitudes

The simulations were performed under four pulsation
amplitudes (Amp=0.1, 0.3, 0.5, 0.8) while keep the pulsation
frequency (Fre=75Hz) and average total pressure (Pr=2.0)
constant, as shown in Fig.1(b), in order to investigate the effect
of the pulsation amplitude on the turbine performance. Fig.8
shows the instantaneous actual power, isentropic power and
relative power in one period under different amplitude pulsating
flow conditions. Time-average efficiency under the four
pulsation amplitudes is listed in Tab.5. Excluding the effect of
phase lag, the instantaneous actual power is almost the same as
the relative power under the small amplitude pulsation
(Amp=0.1), and this lead to the difference between period
average efficiency and steady efficiency is only -0.08 percent.
When the pulsation amplitude increases, the deviation becomes
obvious. In the Amp=0.3 and Amp=0.5 cases, it is also shown
that the performance penalty appears in near 1/4 period time
region, when the inlet total pressure is high. As the amplitude
reaches 0.8, the deviation of actual power from relative power
also becomes distinct in low pressure ratio region (near 3/4
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period). Corresponding to this, the period average efficiency
under 0.8 Amp pulsation is 4.11 percent lower than the steady
efficiency under mean pulsation conditions. It is clear that the
period average efficiency under all amplitudes is lower than the
steady efficiency, and the deviation increases significantly with
the pulsation amplitude increasing.

4.3 Effect of pulsation on turbine flow fields

It is shown above that the period average performance of
the turbine under pulsating conditions is lower than the steady
performance under the mean pulsating conditions, and the
instantaneous performance of the turbine fluctuates more
seriously when the pulsation amplitude increases. In order to
investigate the effect of pulsation on turbine flow fields, the
streamlines distribution at 50% span of the turbine under high
pulsating conditions (Pr=2.00, Fre=75Hz, Amp=0.8) are plotted
in Fig.10. The eight key instants are equally distributed in one
period, Fig. 9. It is assumed that the flow fields were periodic
from passage to passage, so only two blades are shown in the
figures. The blade rotates in the right direction and the leading
edge is at the top.

Fig.10 suggests the flow fields fluctuate seriously in one
period under the pulsating flow conditions. During the former
half period, the instantaneous pressure ratio and mass flow rate
are high, so that the blade is exposed to large flow angle and
flow separation is observed on the suction surface near the
leading edge (t1~t5). The pressure ratio and mass flow rate
decreases after t5, and the flow separation on suction surface
becomes weak at t6. The inlet total pressure decreases to a
minimum value at t7, and the blade is under a large negative
flow angle. Hence serous flow separation appears on the
pressure side.

3.5x10°

I t1 t2 t3 t4 t5 t6 t7 t8
3.0x10° - ! | | ! | | |

25¢10° | |

2.0x10° |- @
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Fig. 9 Eight instants in one period

Fig.10 Streamlines at 50% span
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According to Fig. 9, the parameters imposed at the inlet
boundary are identical at t6 and t8, however there is great
difference of flow patterns between these two instants. There is
weak flow separation on the suction surface at t6, whilst strong
reverse flow appears on the pressure surface at t8. This
demonstrates the unsteady effects of the flow in the turbine
under pulsating flow conditions. The different flow patterns of
t6 and t8 indicate that the flow fields at present are influenced
by the flow fields in the past time. The occurrence and
vanishing of the votex are dynamic procedures, and there is
hysteresis effect in the unsteady flow. The mass flow and flow
angle decrease from t5 to t6, and the flow pattern improves as a
result. But influenced by the separation flow at t5, there still is
weak flow separation on the suction surface at t6. Moreover,
the separation region is more obvious in the downstream region
than the near leading edge region. This is because that the
variation of upstream parameters affects the leading edge
firstly, then propagates through the blade passage. The
reflection of the downstream flow fields is later than the
upstream. In like manner, owing to the serious flow pattern at
t7, the separation flow cannot vanish in an instant and still exits
on the pressure side at t8, but has an obvious weakening trend.
The flow patterns during the former half period are similar, and
there mainly is separation flow on the suction surface.
Consequently the flow fields hysteresis effect is not so distinct
between t1 and t5, as well as between t2 and t4, though the
boundary conditions are identical too.

5 CONCLUSIONS

Turbines matched to reciprocating engines are under
natural pulsating flow conditions. In order to investigate the
effects of the pulsation on the turbine performance, the
simulations of the turbine under different kinds of pulsating
conditions were performed. The results show that the
instantaneous parameters under pulsating flow conditions
deviate from the steady condition, and the period average
performance of the turbine under pulsating conditions is lower
than the steady performance under the mean pulsating
conditions.

While the pulsation amplitude and average pressure are
kept constant, the phase lag increases as the pulsation
frequency increases. Taking the phase lag into consideration,
the actual power output varies little with the pulsation
frequency changing.

Under the small amplitude pulsation, the instantaneous
performance is close to steady performance, and the period
average efficiency is almost equal to the steady efficiency. The
unsteady characteristics become more obvious when the
pulsation amplitude increases. Under the pulsating flow
conditions, of which amplitude is 0.8, the period average
efficiency is 4.11 percent lower than the steady efficiency. The
flow fields fluctuate seriously during the period under this high
pulsating flow conditions. The occurrence and vanishing of the
votex are dynamic procedures, and there is hysteresis effect in
the unsteady flow.
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