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ABSTRACT
This work is aimed at theoretically study the dynamic be-

havior of a rotor-tilting pad journal bearing system under dif-
ferent lubrication regimes, namely thermohydrodynamic (THD),
elastohydrodynamic (EHD) and hybrid lubrication regime. The
rotor modeled corresponds to an industrial compressor. Special
emphasis is put on analyzing the stability map of the rotor when
the different lubrication regimes are included into the TPJB mod-
eling. Results show that, for the studied rotor, the inclusion of a
THD model is more relevant when compared to an EHD model,
as it implies a reduction on the instability onset speed for the
rotor. Also, results show the feasibility of extending the stable
operating range of the rotor by implementing a hybrid lubrica-
tion regime.

Nomenclature
α0 TPJB pad apperture angle.
∆s TPJB pad thickness.
µ oil dynamic viscosity (Pa · s).
ν TPJB pad material Poisson ratio.
Ω rotor rotational speed (rad/s).
x pad local cartesian coordinate system
y pad local cartesian coordinate system
z pad local cartesian coordinate system
ρ oil density

(
Kg/m3

)
.

ρs TPJB pad material density.
Db1 damping matrix for the TPJB 1.

∗Address all correspondence to this author.

Db2 damping matrix for the TPJB 2.
Dg damping matrix for the TPJB-rotor global model.
Dr damping matrix for the rotor finite element model.
Gg gyroscopic matrix for the TPJB-rotor global model.
Gr gyroscopic matrix for the rotor finite element model.
Kb1 stiffness matrix for the TPJB 1.
Kb2 stiffness matrix for the TPJB 2.
Kg stiffness matrix for the TPJB-rotor global model.
Kr stiffness matrix for the rotor finite element model.
Ks stiffness matrix for the pad finite element model.
Mg inertia matrix for the TPJB-rotor global model.
Mr inertia matrix for the rotor finite element model.
Ms inertia matrix for the pad finite element model.
Vs pseudo modal matrix for the pad finite element model.
F positioning function for injection holes

(
m2
)
.

Cp oil specific heat (J/kg ·K).
d0 diameter of the oil injection hole (m).
di j damping coefficients for the TPJB.
E TPJB pad material elasticity modulus.
EHD elastohydrodynamic lubrication regime
fg TPJB-rotor global model load vector.
fr rotor finite element model load vector.
fs pad finite element model load vector.
h oil film thickness (m).
kc oil thermal conductivity (W/m ·K).
ki j stiffness coefficients for the TPJB.
L TPJB pad width.
l0 length of the oil injection hole (m).
n0 number of injection holes on each pad.
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n f lex number of eigenmodes included into the pseudo modal
matrix for the pad finite element model.

ns number of pads on the TPJB.
p oil film pressure (Pa).
Pin j oil injection pressure (Pa).
qg TPJB-rotor global model displacements vector.
q0

g TPJB-rotor global model static equilibrium vector.
qr rotor finite element model displacements vector.
qs pad finite element model displacements vector.
q∗s modal displacements for the pad model pseudo modal

reduction.
R rotor journal radius.
Rs TPJB pad inner radius.
T oil temperature (◦C).
t time (s).
T HD thermohydrodynamic lubrication regime
T PJB tilting pad journal bearing
U rotor journal tangential speed (m/s).
Vin j injection velocity (m/s).
x global cartesian coordinate system
y global cartesian coordinate system
z global cartesian coordinate system

INTRODUCTION
Tilting pad journal bearings are commonly used in rotat-

ing machinery due to their inherent stability properties [1] [2].
Hence, an important amount of effort has been put during the
last four decades in order to improve the quality and accuracy of
the available models for such devices.
Lund [3] was one of the first authors to solve the Reynolds
Equation for calculating theoretically the reduced dynamic co-
efficients of tilting-pad journal bearings. This work was later
on extended by Allaire [4] in order to calculate the complete
set of dynamic coefficients for the bearing. Malcher [5] and
Klumpp [6] investigated theoretically and experimentally the be-
havior of the dynamic coefficients on the basis of advanced ex-
periments. Jones and Martin [7] studied theoretically the influ-
ence of bearing geometry on the steady-state and dynamic be-
havior of these bearings. Springer [8, 9], Rouch [10] and Parsell
et al. [11] investigated theoretically the dynamic properties of
these bearings for predicting rotor instabilities. Ettles [12] in-
cluded pivot flexibility and thermal effects in one model and con-
cluded that thermal effects can reduce the bearing damping prop-
erties. Such damping reduction effect was also observed when
including pad flexibility in a simplified model [13] and when us-
ing the finite element method to include both pad flexibility and
pivot stiffness [14, 15]. Dmochowski [16] investigated theoret-
ically as well as experimentally the behaviour of damping and
stiffness reduced coefficients as a function of the excitation fre-
quency taking into consideration the influence of pivot flexibility.

The tilting pad-journal bearings models have been expanded con-
sistently from their basic hydrodynamic formulation to include
other effects, reaching nowadays a thermoelastohydrodynamic
formulation [17]. Also, experimental and theoretical effort has
been put on studying the feasibility of achieving an active lu-
brication regime [18–21], where the TPJB can be used to apply
controlled forces over the rotor, enabling to modify its dynamic
behavior.
The rotor-bearing stability properties are strongly dependent on
the bearing dynamic coefficients [22], due to their significant
contribution to the stiffness and specially damping characteris-
tics of the overall system. Hence, the stability analysis of a rotor
supported by TPJBs is strongly dependent on the modeling of the
bearings themselves, hence on the lubrication regime assumed.
The main original contribution of this paper is not focused on the
actual modeling of the TPJB-rotor system, but on the comparison
of the effect of different lubrication regimes over the rotor stabil-
ity analysis. This work is aimed at investigating the stability of
an industrial compressor supported by TPJBs. Three lubrication
regimes (EHD, THD, hybrid) are separately imposed, in order to
clearly identify their effect on the stability of the global system.

MODELING
For the modeling of the rotor-bearing system, this paper re-

lies heavily on previous work on the subject. Hence, the math-
ematical models used to describe the behavior of the different
components of the system are only presented on a brief way, for
the sake of completeness of this paper. For a more complete
description on the way such models were obtained, the reader
should refer to the given references.

Modified Reynolds Equation
The theoretical stability analysis of an industrial rotor re-

quires the existence of a mathematical model, capable of repre-
senting accurately the inertia, stiffness and damping properties
of the studied system. The inclusion of the bearings into the
model requires an adequate modeling of their stiffness and damp-
ing properties. Such properties, in the case of tilting pad journal
bearings, depend on the pressure field developed within the oil
film during the operation of the bearing. Hence, a suitable model
for the oil film behavior is required.
The fluid film behavior in the land surfaces of finite oil film bear-
ing is described by the Reynolds equation, deduced by using the
Navier-Stokes and continuity equations, considering a laminar
flow where the inertia of the fluid and the shear viscous forces in
the radial direction are neglected. The non-slip boundary condi-
tion is applied at the surface of the rotor and the pads. The basic
formulation for the Reynolds equation was extended [18] in or-
der to include the effect of injecting oil into the bearing clearance
using an orifice drilled through the surface of the pad, obtaining
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the Modified Reynolds Equation as shown in Eqn. (1):

∂
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where Fi (y,z) is defined as follows:
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2 ≥
d2

0
4

A number of publications [19–21] on the subject of actively lu-
bricated tilting pad journal bearings base the modeling of the oil
film under a hybrid lubrication regime on Eqn. (1). The refer-
ences included here only correspond to the earlier work on the
subject. It can be seen that the function Fi (y,z) is related to the
orifices position along the pad surface, given by the coordinates
(yi,zi), and the orifices diameter d0. For a passive TPJB, Fi (y,z)
is equal to zero, hence the term Pin j corresponding to the oil in-
jection pressure, vanishes.
From Eqn. (1), it can be seen that pressure field p(y,z) developed
in the oil film is a function of rotor rotational speed (U = Ω ·R),
the oil viscosity µ , the oil film thickness h, which is a function
of rotor journal position and the rotation of each bearing pad,
and the injection pressure Pin j and injection hole geometry , in
the case of a hybrid lubrication regime. Hence, this basic model
can be extended in order to include other effects which vary any
of these parameters, entailing a modification of the pressure pro-
file and the resulting forces over the rotor, with the subsequent
change in the behavior of the TPJBs-rotor system.

Thermohydrodynamic Model
The previously defined model for the oil film behavior cor-

respond to an isothermal formulation for the problem. It means
that the effect of the temperature build up due to the viscous
forces generated across the oil film during the operation of the
bearing and the subsequent reduction of the oil film viscosity is
neglected. If such effect is included into the modeling, then a
THD model is obtained, as explained in [23, 24]. To do so, one
must solve the energy equation, stated in Eqn. (3), in order to ob-
tain the temperature field T (y,z) across the oil film as a function
of the bearing gap h.
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+
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(3)

It must be noted that the THD model presented here corresponds
to an adiabatic solution, meaning that no heat transfer takes place
between the oil and the pads. Here, the injection velocity profile
Vin j is determined as a completely developed laminar flow inside
the injection orifice, using the following expression:

Vin j (y,z) =−
1

4µl0
(Pin j− p) ·

n0

∑
i=1

Fi (y,z) (4)

Once Eqn. (3) is solved and the temperature field T (y,z) is ob-
tained, one can calculate the viscosity across the oil film as a
function of such temperature field.

Elastohydrodynamic Model
In this work, the inclusion of the pad flexibility is done

following a pseudo-modal reduction scheme, as exposed firstly
in [25] and then used in [26, 27] to study the EHD regime with
hybrid lubrication. The pads are modeled using the finite element
method. By using this method, the mathematical model for the
pads is defined as:

Msq̈s +Ksqs = fs (5)

where qs correspond to the degrees of freedom for each node of
the finite element model, Ms and Ks correspond to the inertia
and stiffness matrix for the pads, obtained using the finite ele-
ment method, and fs represent the loads over the pads due to the
pressure profile in the oil film. By calculating the pseudo-modal
matrix Vs containing on its columns some of the eigenmodes of
the pads, one can rearrange Eqn. (5) as follows:

VT
s MsVsq̈∗s +VT

s KsVsq∗s = VT
s fs

qs = Vsq∗s (6)
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By using the reduction scheme exposed in Eqn. (6), one ends
working with a reduced system defined by the modal coordinates
vector q∗s , where there are as many degrees of freedom as eigen-
modes were included into the modal matrix Vs. It corresponds
to a pseudo-modal reduction, since only the eigenmodes which
are relevant are included into the analysis. If only the first eigen-
mode is included, then a rigid pad model is established, and the
corresponding modal coordinate measures the rotation of the pad
around the pivot. The use of higher eigenmodes enables to in-
clude the flexibility of the pads into the results.
Since it is always possible to obtain the ”true” displacements of
the pads qs based on the modal displacements q∗s , one can deter-
mine the oil film thickness h in order to solve Reynolds Equation.
Hence, the link between pad deformation and pressure profile
and the resulting loads over the rotor and pads is established. The
use of the pseudo-modal reduction is specially convenient when
it comes to obtain the dynamic coefficients of the TPJB. If one
uses the full finite element model of the pads in order to obtain
the dynamic coefficients of the bearing, it is necessary to perturb
analytically or numerically every single degree of freedom asso-
ciated with the finite element model. By using the pseudo modal
reduction scheme, only the modal coordinates q∗s are perturbed,
reducing the workload and making the results more manageable
and easier to interpret on a physical way.

TPJB Dynamic Coefficients
The inclusion of the TPJBs into the global rotor model is

performed by calculating the dynamic coefficients associated
with the bearings. Firstly introduced by [3] to obtain syn-
chronously reduced dynamic coefficients and then extended by
[4] to calculate the complete set of dynamic coefficients, the con-
cept of the dynamic coefficients has become a cornerstone among
the tools employed for analyzing the dynamic behavior of a ro-
tor mounted over oil film bearings. It allows the analyst to avoid
the computationally expensive operation of solving the Reynolds
Equation to determine the pressure profile and the resulting loads
over the rotor journal and bearing pads. Instead, the behavior of
such loads is linearized around the static equilibrium of the sys-
tem, using a first order approximation. Hence, one can define the
stiffness and damping coefficients for the TPJB as follows:

ki j =
∂Fi

∂δ j

di j =
∂Fi

∂ δ̇ j
(7)

where δ j corresponds to the degrees of freedom associated with
the journal-TPJB system. If a rigid pad model is used, then
i, j = 1, ...,2 + ns, including the two translational degrees of

freedom of the rotor journal and the rotations of each pad. If a
flexible pad model is used, then i, j = 1, ...,2+ ns · n f lex, where
n f lex correspond to the number of modes for each pad included
into the analysis, according to the pseudo modal reduction
scheme. If n f lex = 1, then the flexible model is reduced to a rigid
pad model.
Synchronously reduced coefficients are calculated in order to
describe the general behavior of the stiffness and damping
properties of the bearing when the different lubrication regimes
are included. For analyzing the stability of the TPJBs-rotor
system, the complete set of dynamic coefficients are used. Some
results regarding the stability of the TPJB - rotor system are also
obtained using the synchronously reduced dynamic coefficients
of the bearings, in order to observe their effect into the overall
stability behavior of the studied system.

Rotor Modeling
The finite element method is employed to model the rotor,

using shaft elements, as proposed by [28]. Proportional damp-
ing is used in order to model the energy dissipation across the
rotor. The proportional damping parameters are tuned in order
to obtain a damping ratio equal to 0.001 for the two first natural
frequencies of the rotor on free-free boundary conditions.
By using this method, the system can be represented mathemati-
cally as follows:

Mrq̈r +(Dr−ΩGr) q̇r +Krqr = fr (8)

In Eqn. (8), qr represent the degrees of freedom of the nodes cor-
responding to the finite shaft model of the rotor, Mr is the rotor
inertia matrix, Dr is the proportional damping matrix, Gr is the
gyroscopic matrix and Kr is the rotor stiffness matrix. Related to
the loading term fr, for this analysis the only loading applied to
the system corresponds to the static load due to the weight of the
rotor.

Stability Analysis for the TPJBs-Rotor System
So far, the mathematical models for the TPJBs and the rotor

have been exposed separately. In order to analyze the stability,
one must couple such models into a global system, which in-
cludes the degrees of freedom of the rotor and the bearing pads.
By doing so, the model for the global system is defined as:

Mgq̈g +(Dg−ΩGg) q̇g +Kgqg = fg

where qg = {qr q∗s}
T (9)
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The degrees of freedom for the global system qg are defined by
the rotor model degrees of freedom qr and by the pads degrees
of freedom q∗s , derived from the pseudo modal reduction. If a
rigid pad model is utilized, then there are ns degrees of freedom
associated with pads, corresponding to the rotations around the
pivots. If a flexible model is used, then there are ns ·n f lex degrees
of freedom associated with the pads, with the additional degrees
of freedom related to the pad deformations. According to Eqn.
(9), in order to analyze the system it becomes necessary to de-
fine the global mass, damping and stiffness matrices. The use of
the dynamic coefficients for representing the TPJBs in the global
system enables to do such coupling in a straightforward fashion.
The procedure followed to analyze the stability of the rotor sys-
tem is depicted as follows:

1. Set a desired rotational speed for the rotor Ω

2. Using a Newton Raphson scheme, determine the static equi-
librium position for the global system q0

g.The Reynolds
equation is solved in order to determine the pressure field
on each pad. Then, direct integration of the pressure field is
employed in order to determine the forces over the rotor and
the pads surface by the fluid film.

3. For the determined equilibrium position, using a perturba-
tion method, one calculates the dynamic stiffness and damp-
ing coefficients for each TPJB, related to the rotor journal
degrees of freedom and the pads degrees of freedom coming
from the pseudo modal reduction scheme. By doing so, stiff-
ness Kb1,Kb2 and damping matrices Db1,Db2 are obtained
for each bearing.

4. By assembling the stiffness and damping matrix from the
rotor finite element model Kr and Dr with the ones coming
from the bearings stiffness coefficients Kb1,Kb2 and damp-
ing coefficients Db1,Db2, one obtains the global matrices Kg
and Dg. As for the global mass matrix Mg, only the inertia
coming from the rotational degrees of freedom of the pads
is included into the model.

5. Having the global matrices completely defined, including
both the presence of the rotor and the bearing pads, it is
possible to calculate the eigenvalues and eigenmodes for
the global system. The sign of the real part of the obtained
eigenvalues is used to determine the stability of the system.
If positive, it means that the rotor system presents unstable
behavior.

CASE ANALYSIS: INDUSTRIAL COMPRESSOR MOD-
ELING

In this section, the results obtained by using the previously
defined mathematical model for studying an industrial case are
presented. The system modeled corresponds to an industrial ro-
tor system. Namely, the rotor corresponds to a gas compressor,
composed of five impellers. It weighs 391 Kg, and it operates

TABLE 1. TPJB CHARACTERISTICS

Parameter Value Units

Journal Radius (R) 50.800 mm

Number of pads (ns) 5 -

Pad inner Radius (Rs) 50.921 mm

Pad aperture angle (α0) 60 deg

Angular position pivot pad #1 60 deg

Angular position pivot pad #2 132 deg

Angular position pivot pad #3 204 deg

Angular position pivot pad #4 276 deg

Angular position pivot pad #5 348 deg

Offset 0.6 -

Pad width (L) 44.450 mm

Pad thickness (∆s) 10.312 mm

Pad material elasticity modulus (E) 200 GPa

Pad material Poisson ratio (ν) 0.3 -

Pad material density (ρs) 7800 Kg/m3

Injection orifice length (l0) 5.0 mm

Injection orifice diameter (d0) 5.0 mm

Number of orifices per pad (n0) 1,2 -

Assembled bearing gap (h0) 102 µm

Oil viscosity (40 ◦C)) ( µ) 0.028 Pa s

Oil viscosity (80 ◦C)) ( µ) 0.007 Pa s

Oil density (ρ) 863.5 Kg/m3

Oil specific heat (Cp) 1900 J/kg ·K

Oil thermal conductivity (kc) 0.13 W/m ·K

Oil supply temperature 50 ◦C

normally within the range of 6942 RPM and 10170 RPM. The
rotor is supported by two identical tilting pad journal bearings.
Figure 1 shows the finite element model of such rotor, depicting
also the location of the TPJB and the reference systems used on
this study. The loading due to the rotor weight acts on the nega-
tive y direction, hence pad #4 becomes the most heavily loaded
one. The impellers, seals and other machine elements are consid-
ered as rigid discs and are incorporated into the model by adding
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FIGURE 1. MECHANICAL MODEL OF THE COMPRESSOR BY
SHAFT ELEMENTS; GLOBAL COORDINATE SYSTEM (x,y,z)
AND PAD LOCAL COORDINATE SYSTEM (x,y,z) USED FOR THE
STUDY

inertia to the respective nodes. Hence, in the model, the impellers
are at nodes 20,24, 28, 32 and 36. Bushes are at nodes 22,26, 30,
and 34. A thrust disk sleeve is located at node 3. A balance pis-
ton is located at node 38. Seal bushes are located at nodes 12 and
46. Coupling is at node 55.
As for the TPJBs, they are located at nodes 8 and 50. From now
on, the bearing located at node 8 will be referred as ”bearing 1”
and the one located at node 50 as ”bearing 2”. Tab.1 depicts all
the parameters that define the geometry of such bearings.

Numerical results
The obtained results are presented in a way that enables

to compare the effect of including different lubrication regimes
models for the TPJBs on the overall behavior of the studied rotor
- bearings system. Hence, only one effect is studied at the time,
in order to identify clearly the consequences of including it into
the modeling. The lubrication regimes to be studied are:

1. Elastohydrodynamic lubrication regime (EHD) : in this sec-
tion, the flexibility of the pads is included into the model by
using the pseudo modal reduction method. The oil film is
modeled using the Reynolds Equation. No thermal effects
are included into the oil film model. The bearings work in
passive configuration, meaning that no oil injection into the
bearing clearance is taking place.

2. Thermohydrodynamic lubrication regime (THD) : in this
section, the temperature build-up generated on the bearings
oil film due to rotor operation is modeled using the THD
model exposed previously. No pad flexibility effects are in-
cluded, and no oil is injected into the bearing clearance.

FIGURE 2. STATIC EQUILIBRIUM POSITION FOR BEARING 1,
AS A FUNCTION OF THE ROTATIONAL SPEED; RESULTS FOR
THE ECCENTRICITY RATIO OF THE ROTOR JOURNAL AND
THE ROTATION OF PAD # 4

3. Hybrid lubrication regime : in this section, the effect of in-
jecting oil at different pressures into the bearing clearance is
included. No thermal effects and no pad flexibility effects
are taken into account.

The results analyzed include: static equilibrium position for
the TPJB pads and rotor journals, dynamic coefficients for the
TPJBs, stability map for the rotor-bearings system. Regarding
the equilibrium position results, the ecentricity ratio is calculated
as the ratio between shaft journal displacement and the assem-
bled bearing gap (h0). The results obtained are presented as a
function of the rotor rotational speed in the range between 6000
RPM and 11000 RPM.
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FIGURE 3. OIL FILM THICKNESS FOR BEARING 1 PAD #4 AT
EQUILIBRIUM POSITION; COMPARISON OF RESULTS FOR 6000
RPM (UPPER) AND 11000 RPM (LOWER). RESULTS OBTAINED
AT Z = 0

Elastohydrodynamic regime results The behavior
of the pressure field generated in a TPJB oil film is influenced,
among other over variables, by the bearing clearance, namely, the
distance existing between the pad and the journal surface. Such
parameter is included into the Reynolds Equation by the h param-
eter. When one considers the pads to be rigid, such parameter is
only a function of the journal position and the pads angular ro-
tation. However, if the pads are considered as flexible elements,
then the clearance is also a function of the deformations on the
pads due to the load exerted over them by the oil film pressure.
Hence, one can expect that the pressure field, and the resulting
forces over the rotor are affected by the pad flexibility effect. The
question to be answered is how relevant is the inclusion of such
effect into the overall modeling of the rotor dynamic behavior.

FIGURE 4. PRESSURE PROFILE AT EQUILIBRIUM POSITION
FOR BEARING 1 PAD #4; COMPARISON OF RESULTS FOR 6000
RPM (UPPER) AND 11000 RPM (LOWER). RESULTS OBTAINED
AT Z = 0

Firstly, one can compare the static equilibrium position
achieved by the rotor journal and the bearing pads when includ-
ing the flexibility of the pads into the modeling. Fig.2 shows the
eccentricity ratio and rotation of pad #4 as a function of the ro-
tation speed of the rotor, for the rigid and the flexible pads. It
can be seen that, by including the flexibility of the pads, the ec-
centricity ratio decreases over the studied rotational speed, and
the tilt angle of the pad becomes higher. Hence, the equilibrium
position of the system is altered. Since for all cases the same
load is applied over the bearing (the one due to the weight of
the rotor), one can state that by including the pad flexibility the
bearing system actually becomes stiffer, in other words, for the
same applied load over the rotor journal a lower displacement is
obtained. Although the fact that by adding extra flexibility into

7 Copyright c© 2011 by ASME



FIGURE 5. DEFORMATION OF BEARING 1 PAD#4 AT EQUI-
LIBRIUM POSITION; COMPARISON OF RESULTS FOR 6000 RPM
(UPPER) AND 11000 RPM (LOWER)

the pads model entails a stiffer bearing system may seem unnat-
ural at first glance, one must understand that the overall stiffness
of the bearing system is highly influenced by the stiffness of the
oil film. Such stiffness is a function of the bearing clearances,
determined by the system equilibrium position and deformation
of the pads. Hence, since the effect of the pad flexibility is to al-
ter the bearing clearance, the stiffness of the oil film is modified,
implying that the overall system becomes stiffer.

The previous statement can be confirmed by taking a look
at Fig. 3 and Fig. 4. One can see that the inclusion of the pad
flexibility entails a variation of the oil film thickness, which also
implies that the pressure profile is modified. Such change is a
consequence of the system new equilibrium position (rotor jour-
nal position and pad tilt) and the deformation of the pads. It is
also seen that such effect is stronger for higher rotational speed,

FIGURE 6. SYNCHRONOUSLY REDUCED DIRECT STIFFNESS
AND DAMPING COEFFICIENTS FOR BEARING 1, VERTICAL DI-
RECTION: COMPARISON BETWEEN RIGID PADS AND FLEXI-
BLE PADS WITH DIFFERENT NUMBER OF FLEXIBLE MODES
INCLUDED

which is consistent on the higher pressure generated when oper-
ating at a higher speed, which implies higher deformation of the
pads.
From the results presented so far, one can also note that the in-
clusion of mode 2 and 3 into the flexible model of the pad does
not entail a relevant change in the behaviour of the system, when
compared to the effect of just including the first flexible mode. It
means that the first flexible mode is dominating when it comes
to obtaining the deformed shape of the pad under load. The de-
formation of the surface of the pad due to the first flexible mode
can be seen in Fig. 5. It can be seen that the maximum deforma-
tion of the pad is about a 3% of the oil film minimum thickness,
and it is obtained toward the edge of the pads. No deformation
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FIGURE 7. STABILITY MAP FOR THE COMPRESSOR; COM-
PARISON BETWEEN RIGID PADS AND FLEXIBLE PADS
MODEL, FOR DIFFERENT NUMBER OF MODES (LOWER FIG-
URE DETAILS THE INSTABILITY ONSET ZONE)

is obtained around the pivot of the pad, due to the fact that the
included mode corresponds to a pure bending mode, where no
pad surface deformation is included and where the nodes around
the pivot have their displacement restricted. As expected, the
deformation of the pads due to the first flexible mode is larger
for higher rotational speed, and the deformations implies that, in
practice, the curvature radius of the pads are increased. Such ef-
fect implies a higher ”effective” preload factor into the system,
which support the ”stiffening” effect commented when looking
at the results shown in Fig. 2.

The link between the TPJB ”local” behavior, discussed so
far, and the overall dynamic behavior of the rotor system comes
from the dynamic coefficients, used to represent the bearing into
the dynamic model. In order to present this information in a com-

FIGURE 8. OIL FILM TEMPERATURE FOR BEARING 1 PAD#4
AT EQUILIBRIUM POSITION; COMPARISON OF RESULTS FOR
6000 RPM (UPPER) AND 11000 RPM (LOWER)

pact way, the synchronously reduced dynamic coefficients are
obtained for the studied TPJB. The direct stiffness and damping
coefficients in the vertical direction of bearing 1, as a function
of the rotational speed, are shown in Fig. 6. On these results,
the conclusions obtained so far from the equilibrium positions,
oil film thickness and pressure profiles of the studied bearing are
confirmed. First, one can note convergence behavior on the re-
sults obtained when including just the first flexible mode and the
two other modes. Secondly, it can be seen that the results from
the rigid pad and the flexible pad model approach each other for
lower rotational speeds. This is consistent with relationship be-
tween rotational speed, pressure profile and deformations of the
pads. Thirdly, it can be noted that the inclusion of the pad flexi-
bility generates a stiffening of the overall bearing system. Lastly,
one can see a reduction of the damping coefficient of the bear-

9 Copyright c© 2011 by ASME



FIGURE 9. STATIC EQUILIBRIUM POSITION FOR BEARING 1,
AS A FUNCTION OF ROTATIONAL SPEED; RESULTS FOR EC-
CENTRICITY RATIO OF THE ROTOR JOURNAL AND THE RO-
TATION OF PAD #4

ing when increasing the rotational speed and when including the
flexibility of the pads. This result fits with the stiffening effect
observed when increasing the rotational speed and when includ-
ing the flexibility of the pads.

The stability map obtained using the TPJB complete dy-
namic coefficients is shown in Fig. 7. Results are shown for
the rigid and flexible pad assumption. Once again, convergence
on the behavior of the system when incorporating the different
flexible modes for the pads is observed. It can be noted that
the instability onset speed is not modified in a noticeable way
by the inclusion of modes 2 and 3, when compared to the re-
sults obtained when only including the first flexible mode. When
comparing the results obtained assuming rigid pads with those
including the first flexible mode, it can be seen that the change in
the instability onset speed is almost negligible. Putting this result

FIGURE 10. SYNCHRONOUSLY REDUCED DIRECT STIFF-
NESS AND DAMPING COEFFICIENTS FOR BEARING 1, VERTI-
CAL DIRECTION; EFFECT OF INCLUDING THD MODEL

in perspective, it means that for the specific rotor under study,
under its particular operating conditions of load and speed, the
effect of including the flexibility of the pads is not relevant when
it comes to analyzing the stability of the rotor system.

Thermohydrodynamic regime results The viscous
friction forces generated across the TPJB oil film induce a tem-
perature build up of the oil. Since the oil viscosity is a function of
the temperature, such property of the lubricant is modified when
including a thermal model in the modeling of the oil film behav-
ior. From the Reynolds equation, it is evident that any change
in the viscosity of the lubricant induces changes in the pressure
profiles, hence in the overall behavior of the bearing.

By solving the THD model, one obtains non-uniform tem-
perature and viscosity values for the oil film. Such results are

10 Copyright c© 2011 by ASME



FIGURE 11. STABILITY MAP FOR THE COMPRESSOR; EF-
FECT OF INCLUDING THE THD MODEL FOR THE OIL FILM
(LOWER FIGURE DETAILS THE INSTABILITY ONSET ZONE)

shown in Fig. 8. From those results, it becomes clear the increase
in the oil film temperature and the decrease of the oil viscosity
for a higher rotational speed. Also, it can be seen that the highest
temperature values (and lower viscosity) are obtained in the area
where the oil film thickness is lower.

When looking at Fig. 9, one can see that the change in vis-
cosity due to the oil temperature build up has clear effects on
the equilibrium position of the bearing. The eccentricity ratio
becomes higher for all rotational speeds analyzed, meaning the
rotor journal achieves a lower equilibrium position. Also, the tilt
of the pad becomes higher. This can be explained when analyz-
ing the Reynolds Equation. In order to equilibrate the static load
applied over the rotor journal, a pressure profile must be obtained
on each pad. The pressure profile, on static conditions, is a func-
tion of the gradient of the oil film thickness in the journal sliding

FIGURE 12. STABILITY MAP FOR THE COMPRESSOR, CAL-
CULATED USING THE TPJBs SYNCHRONOUSLY REDUCED
DYNAMIC COEFFICIENTS FOR DIFFERENT LUBRICATION
REGIMES

direction. Since the viscosity is lower for higher temperatures,
a higher oil film thickness gradient is necessary in order to gen-
erate the required pressure profile. This is obtained by a higher
eccentricity and a higher tilt of the pads.

The change induced over the oil film thickness and the pres-
sure profile by the oil film thermal effects entails a change in the
bearing dynamic coefficients, as shown in Fig. 10. The overall
effect consists in a reduction of the bearing stiffness and damp-
ing properties. Such reduction becomes more important as one
increases the rotational speed, which is consistent with the fact
that shear forces across the fluid film are function of the rota-
tional speed of the rotor.

When looking at the stability map shown in Fig. 11, it be-
comes clear that for the studied rotor, not including the thermal
effects on the oil film modeling would induce an overestimation
of the stability of the rotor. This is a relevant result, moreover
because the load and operating speed of the studied system can
be considered ”low”.

Stability analysis using the synchronously re-
duced dynamic coefficients for the bearings The sta-
bility results presented so far were obtained using the full set of
dynamic coefficients to include the bearings into the rotor model.
If one uses the synchronously reduced dynamic coefficients to
represent the bearings, the results obtained for the stability map
are shown in Fig. 12. By comparing these results with the ones
already presented in Fig. 7 and Fig. 11, it becomes evident that
such approach induces an important overestimation of the stable
operating range of the studied system, when compared to the re-
sults obtained using the full set of bearing dynamic coefficients.
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FIGURE 13. STATIC EQUILIBRIUM FOR BEARING 1, AS A
FUNCTION OF ROTATIONAL SPEED; RESULTS FOR THE EC-
CENTRICITY RATIO OF THE ROTOR JOURNAL AND THE RO-
TATION OF PAD#4, EFFECT OF OIL INJECTION FOR TWO CON-
FIGURATIONS

Hybrid lubrication regime results When speaking of
a hybrid lubrication regime, one refers to a system where high
pressurized oil is injected through an orifice (or several orifices)
on the pads directly into the bearing clearance. As opposite to
an active lubrication regime, in the hybrid regime the injection
pressure is fixed to a constant value. By doing so, it is possible
to modify the oil film pressure profile, entailing a modification of
the dynamic properties of the TPJB [19–21]. Hence, it is reason-
able to think that by using a proper configuration for the hybrid
system it should be possible to extend the rotor stable operating
range.
A number of configurations (defined by position of injection
holes on the pads) were tested using the available model for the
rotor-TPJBs system. From those preliminary iterations, two con-

FIGURE 14. SYNCHRONOUSLY REDUCED DIRECT STIFF-
NESS AND DAMPING COEFFICIENTS FOR BEARING 1, VERTI-
CAL DIRECTION; EFFECT OF OIL INJECTION FOR TWO CON-
FIGURATIONS

figurations were chosen and are presented here. They provide
satisfactory results regarding to an increase of the rotor stabil-
ity range. Both configurations set the position of the injection
holes towards the leading edge of the bearing pads. A scheme
for the disposition of the injection holes is provided in the fig-
ures. It is important to highlight that the distribution of the holes
is not symmetrical with respect to the pivot line (no holes are po-
sitioned close to the trailing edge).
In Fig. 13, it can be seen that by injecting pressurized oil into
the bearing clearance the equilibrium position of the rotor jour-
nal and the bearing pads is greatly influenced. By injecting oil
near the leading edge of the pads, one increases the pressure field
on that region. In order to achieve its static equilibrium, the pres-
sure near the trailing edge must be incremented, hence a higher
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FIGURE 15. STABILITY MAP FOR THE COMPRESSOR; EF-
FECT OF HYBRID OIL INJECTION FOR TWO CONFIGURATIONS
(LOWER FIGURE DETAILS THE INSTABILITY ONSET ZONE)

tilt for the pads is observed. It can be seen that such effect is
more pronounced forces for the “two injection holes“ configura-
tion, which is consistent with the higher increase in the pressure
field when compared to the ”one hole” configuration.
The corresponding change in the oil film thickness and pressure
profile entails modification of the bearing dynamic coefficients,
as can be seen in Fig. 14. It can be noted that the expected
decrease in the damping for the TPJB when increasing the ro-
tor rotational speed is actually diminished when using the hybrid
lubrication regime. A reduction in damping is obtained for this
regime when compared to the passive configuration (no injec-
tion), but the damping characteristics remain more or less con-
stant through the analyzed rotational speed range.
When looking at the stability map depicted in Fig. 15, it can be
seen that both configurations for the hybrid lubrication enable to

FIGURE 16. STABILITY MAP FOR THE COMPRESSOR; EF-
FECT OF INJECTION PRESSURE FOR HYBRID REGIME FOR
“TWO HOLE“ CONFIGURATION (LOWER FIGURE DETAILS THE
INSTABILITY ONSET ZONE)

extend the stable operational range of the rotor. Although it can
be seen that the real part of the eigenvalues get closer to zero
for the studied range when compared to the “no injection“ case,
the instability onset speed is increased for the hybrid lubrication
regime. As for the effect of the injection pressure, from Fig.
16, it can be seen that even for a relatively low injection pres-
sure (20 bar), it is possible to increase the instability onset speed
of the rotor, when compared to the passive lubrication regime.
Hence, it has been demonstrated that the use of a hybrid lubri-
cation regime, with the proper positioning of the injection holes
on the pads, can present advantages over a passive regime (no
injection) when considering the stability of the system. Another
benefit from this regime is the cooling effect, reducing the overall
temperature of the oil film [23, 24].
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CONCLUSION
In this work, an industrial compressor mounted over TPJBs

has been modeled and analyzed, in order to assess the effect of
including different lubrication regimes in the dynamic behavior
of the system. Results have been obtained in the form of
equilibrium positions and dynamic coefficients for the TPJBs,
and stability map for the compressor. According to the nu-
merical results obtained, one can state the following conclusions:

1. The instability onsed speed of the rotor-TPJB system stud-
ied is: 10300 RPM for the passive bearing for isothermal
model with no pad flexibility effects included; 9900 RPM
for the THD lubrication regime; 10300 for the EHD lubri-
cation regime; over 11000 RPM for the hybrid lubrication
regime.

2. The results obtained for the stability map show that neglect-
ing the temperature build up of the oil film due to viscous
forces generated during the bearing operation would induce
an overestimation of the instability onset speed for the ro-
tor. Hence, according to these results, even for a rotor work-
ing with loading and speed conditions as the ones imposed
on the model (which can be considered to be on the ”low”
range) it is relevant to include a THD modeling of the oil
film behavior.

3. The inclusion of the pad flexibility effect into the modeling,
using a pseudo modal reduction scheme, presented a negli-
gible effect on the instability onset speed for the analyzed
rotor, when compared to the results obtained when includ-
ing the THD model. Again, such result must be analyzed
taking into account the particular operational conditions of
the analyzed rotor.

4. When analyzing the synchronously reduced dynamic coef-
ficients for the TPJBs, it can be noted that the inclusion of
the pad flexibility into the modeling induces an increase in
the stiffness and a reduction on the damping of the bearing.
Hence, a model for TPJB that neglects the pad flexibility
will overestimate the damping of the bearing.

5. The results obtained for equilibrium positions and dynamic
coefficients for the bearings and stability map for the ro-
tor show that the effect of including higher modes into the
pseudo modal reduction scheme is negligible when com-
pared to just including the first bending mode for the pads.
Convergence behavior is observed when including higher
modes into the modeling. Hence, according to these results
it is enough to include the first bending mode in order to
model the effect of flexibility of the pads.

6. The results of the stability analysis of the rotor-TPJB sys-
tem using the synchronously reduced dynamic coefficients
showed an overestimation of the stable operating range of
the rotor, when compared to the results obtained using the
full set of dynamic coefficients.

7. The theoretical results obtained show that when imposing a
hybrid lubrication regime for the bearings, using a constant
oil injection pressure, it is possible to extend the stable op-
erational range for the rotor. The results obtained are depen-
dent on the configuration for the injection holes on the pad
and the oil injection pressure. From the obtained results, it
can be concluded that a proper configuration for increasing
the instability onset speed of the rotor must place the injec-
tion holes towards the leading edge of the pads.
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