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ABSTRACT
A key objective of compressor rig tests is the identification

of compressor stall boundary. A complementary goal is the iden-
tification of the stalling stage based on test data. This serves two
purposes: 1) Validate the pre-test prediction of the stage loading
distribution, and 2) identify the weak stages, should improve-
ments in operating range be desired in subsequent design iter-
ations. Typically the pertinent test data is in the form of static
pressure measurements. Many engineers believe that a stalling
stage is accompanied by a transient upstream pressure rise cou-
pled with a downstream pressure loss. However, inter-stage dy-
namics may cloud the identification of the stalling stage. To this
end, an analysis of inter-stage dynamics, immediately preced-
ing the stall event, could provide an alternate assessment of the
stalling stage. This work reviews existing stall models for study-
ing compressor dynamics. The main focus of this work is to de-
velop ability to capture inter-stage dynamics. A 3-state equation
lumped Moore-Greitzer (MG3) model is widely used to study
the dynamic compressor response during surge and rotating stall
transients. However the evolution of MG3 model may not pro-
vide a suitable framework for the investigation of inter-stage dy-
namics. On the other hand, an unsteady time marching 1-D fluid
dynamic model (e.g. similar to the DynTECC formulation which
includes body forces), while unable to capture the rotating stall
dynamics, is sufficient for this purpose. A numerical simulation
has been developed to investigate the impact of stage character-
istics, as well as load distribution on the compression and expan-
sion waves that develop prior to a surge event. Through a con-
trolled weakening of selected stages, the time evolution of these
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waves is related back to the stalling stage. It is found that the
weakened stage is not necessarily the stalling stage as identified
via the pressure rise and downstream pressure drop pattern.

NOMENCLATURE
A flow-path area
L axial length of a blade row
U pitchline blade rotational speed, ωr
a local speed of sound
e0 total internal energy
f body force per unit volume
p pressure
rm pitchline radius
u axial component of flow velocity
vθ circumferential component of flow velocity
ẇs shaft power per unit volume
ρ density
φ flow coefficient, u/U
ψ f body force coefficient
()x axial component
()θ circumferential component

Introduction
There is a continuous push to increase the performance, ef-

ficiency and operational envelope of gas turbine engines. The
motivation may be application dependent, such as economy for
commercial aircraft and mission requirements for military, or
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more universal in nature, such as engine response in an emer-
gency. The design of a compressor plays a crucial role in the
attainment of the overall engine goals. In particular, the oper-
ating range of a compressor significantly impacts the transient
response of a gas turbine engine. At its low mass flow rate end,
the operating range of a compressor is limited by aerodynamic
instabilities, rotating stall and surge. Identified as separate phe-
nomena as early as 1953 [1], the two instabilities are frequently
coupled, with rotating stall typically preceding surge.

A key compressor design and development challenge is the
prediction of the compressor surge line, a locus of the points on a
compressor map that denote onset of either instability. In partic-
ular, there is a significant uncertainty associated with the surge
line, due to both operational and modeling factors. The opera-
tional factors such as thermal and speed transients, inlet distor-
tion and degraded tip-clearances, all erode the available surge
margin. The uncertainty in stall/surge onset is largely mitigated
by a conservative stall margin, enforced via acceleration limits
built into the engine control system. In order to improve engine
performance, efficiency and useful operating life, it is necessary
to reduce the uncertainty associated with the surge line. Along
with higher fidelity models, this requires improvements in the
techniques employed for engine and/or rig test data analysis.

Early research on compressor stall was motivated by the is-
sue of unrecoverable stall: A rotating stall mode that necessitates
engine shutdown before return to normal operating conditions.
Greitzer [2, 3] formulated the B-parameter in order to determine
the preferred mode of instability in a compression system. Moore
and Greitzer were the first to publish a model for compressor post
stall transients [4, 5]. On the basis of the Moore-Greitzer (MG)
model, Epstein et al. [6] evaluated the benefits of active control
of compressor aerodynamic instabilities. They postulated that a
low bandwidth control system was sufficient to suppress stall at
its inception. Whereas this spurred numerous research efforts on
stall control, Day [7], followed by Camp and Day [8] established
an alternate stall mode. This “spike” stall inception mechanism
is not predicted by the Moore-Greitzer model and hence could
not be suppressed via the derived active control schemes based.

Several of the assumptions in the Moore-Greitzer model
have been relaxed by researchers over the years. A review of the
basic theory and some of the extensions is available in a paper by
Longley [9]. Willems and de Jager [10] have also reviewed some
of the extensions to the basic MG model, including the applica-
bility to centrifugal compressors.

Whereas the Moore-Greitzer model can capture certain as-
pects of the overall compression system, the underlying as-
sumptions preclude an ability to investigate inter-stage dynam-
ics. An alternate approach replaces the blade rows with compact
or distributed source terms. This “body force” approach can be
used to explicitly study the inter-stage and inter-row dynamics.
Sugiyama et al. [11] have used the “body force” method as part
of a transient simulation of the J85 engine. Hosny et al. [12]

proposed an active stabilization method, using stator dithering
as the control input, that used the body force formulation. Hale
and Davis [13] have presented the details of a comprehensive
dynamic compressor code, called DYNTECC, that also uses the
body force approach. To date, the body force method has only
been used to capture 1D axial perturbations. The effect of the
rotating stall is captured by a judicious use of source terms that
reflects the loss of pumping capability of a stage. Recent work
by Nakano and Breeze-Stringfellow [14] highlights the impor-
tance of individual stage characteristics on the overall compres-
sion system stability. In particular, this work shows that a desta-
bilizing rear stage can overcome the positive contributions of sta-
bilizing front stages, leading to compression system instability.
Although the importance of the steady state stage matching has
been well known, this work emphasizes the need for a deeper
understanding of the dynamic interaction between compressor
stages.

This paper describes a 1D numerical simulation model that
has been developed to investigate the impact of stage character-
istics, as well as load distribution on the compression and ex-
pansion waves that develop prior to a surge event. Through a
controlled weakening of selected stages, the time evolution of
these waves is related back to the stalling stage. It is emphasized
that the formulation used in this work is not necessarily different
from some of those developed by earlier researchers. The nov-
elty is in the application of a combination of existing approaches
that yields a different perspective to the compressor stalling dy-
namics. A goal of this paper is to provide a working recipe of the
developed model. A key contribution of this work is the delin-
eation of weak and stalling stages. In particular, it is shown that
an under-performing stage can potentially cause another stage
to stall. The resulting pattern of compression-expansion waves
would only reflect the symptom, and not the root cause of any un-
expected compression system instabilities. Whereas this may not
necessarily be a new fact for experienced compressor designers,
its demonstration via analysis of a simple compression system
model has not been found in existing literature.

It may be noted that given the 1-D nature of the model de-
scribed, no distinction can be made between rotating stall or
surge. In the sequel both stall and surge are used interchange-
ably to denote compression system instability.

Compression System Model
The compression system studied in the present work is rep-

resentative of a typical laboratory or rig-test setup. A schematic
of the system under consideration is presented in Figure 1. An
inlet duct feeds the compressor, which discharges into a plenum
via an exhaust duct. The compressor is assumed to be exter-
nally driven and hence operating at a constant rotational speed.
A throttle valve downstream of the plenum sets the operating
point of the system. In particular, the closing and opening of the
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FIGURE 1. A schematic of a basic compression system test rig.

throttle respectively loads and unloads the compression system.
The E3 compressor [15] has been used as the basis of model de-
velopment. Whereas the choice is motivated by the availability
of its detailed design, the phenomena of interest are present in
any multi-stage compressor.

The intent is to develop a simulation tool that can be used
to understand and visualize the impact of stage characteristics
on expansion and compression waves observed in a compression
system at and after stall onset. The stage characteristics of the E3

compressor are not available in the published literature. How-
ever, Luxin et al. [16] have applied a stage stacking approach to
the published data in order to estimate the individual stage char-
acteristics. It is recognized that the accuracy of characteristics es-
timated in this fashion may not be sufficient for the investigation
of a specific machine. Still, they are expected to yield physically
relevant trends and it should be possible to draw conclusions that
are relevant to compressor designs in general. Further, it may be
noted that given sufficient geometry and characteristics informa-
tion, the model can be refined for a particular compressor.

Governing Equations In order to meet the stated ob-
jectives, a blade row can be replaced by a duct of varying cross-
sectional area with force and work source terms, as appropriate.
The source terms model the force and energy imparted by the
blade row to the working fluid. The flow is assumed to be invis-
cid, unsteady, compressible and axisymmetric. An implication
of the axisymmetric assumption is that the model cannot exhibit
circumferential modes and hence cannot capture rotating stall.
However, the loss of blade forcing due to rotating stall can be
included by choosing the right form of the source terms for the
affected blade row. Similarly, the viscous and other losses are
also included within the source terms. Consequently, the correct
determination of the source terms is crucial to the ability of the
model to capture the observed physical behavior.

Within the stated assumptions, the general 3-D Navier
Stokes equations reduce to the pseudo 1-D Euler system of equa-
tions with body force and shaft power terms. The set of equations

includes the effect of area variation along the axial direction.
The turning of the flow by both the rotor and stator rows implies
that, even for axisymmetric flow, the circumferential momentum
varies along the length of the compressor. Consequently, the set
of equations also includes the circumferential component of the
momentum equation.

The system of equations, continuity, momentum and energy
conversation, can be written as,

∂

∂ t
(ρA) +

∂

∂x
(ρuA) = 0

∂

∂ t
(ρuA) +

∂

∂x
[(p+ρu2)A] = fxA+ p

∂A
∂x

∂

∂ t
(rmρvθ A) +

∂

∂x
[(rmρuvθ )A] = fθ Arm

∂

∂ t
(ρe0A) +

∂

∂x
[(ρe0 + p)uA] = ẇsA

(1)

Assuming that the mean radius (pitchline) is constant, the angu-
lar momentum equation can be expressed as,

∂

∂ t
(ρvθ A)+

∂

∂x
[(ρuvθ )A] = fθ A

It is emphasized that the constant pitchline assumption does not
restrict the validity of the results presented here. First, compres-
sor designs with nearly constant pitchline exist, and the results
are directly applicable. Second, the axial variation of pitchline
introduces a source term in the circumferential momentum equa-
tion. As a result, the stages of a compressor with identical char-
acteristics but with pitchline variation, would be slightly differ-
ently matched at a given speed. Features similar to those illus-
trated by the simulation results would still be observed in such a
compressor, perhaps under different operating conditions.

It may be noted that the second source term in the axial
momentum equation is the so called area change term. Expe-
rience shows that this term is non-negligible, especially in the
front stages where the annular area changes rapidly with respect
to the axis of the compressor.

Source Terms As mentioned previously, the correct
evaluation of the source terms is imperative in order to reason-
ably capture the observed compression system behavior. One
way to calculate these terms, under steady conditions, is to set
the time derivatives in the Euler equations to zero. The unknown
sources for a given finite control volume can then be calculated
using the known values of the variables at the inlet and outlet
faces. Typically, this volume encompasses a stator or rotor row.
If the data are only available at the stage level, a knowledge of
the flow turning angles can be used to estimate the corresponding
intra-stage values.
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FIGURE 2. An elemental control volume. A control volume may
span an entire stage, a blade row, or a part of the blade row/inter row
free space.

In order to calculate the axial component of the momentum
source terms, consider a finite volume illustrated in Fig 2. The
application of steady state force balance to this volume leads to
the following expression for the body force term,

fx
A1 +A2

2
L = (p2A2− p1A1)+(ρ2u2

2A2−ρ1u2
1A1)

− p1 + p2

2
(A2−A1)

Using the flow continuity, this can be reduced to

fx
A1 +A2

2
L = (p2− p1)

A1 +A2

2
+ρ1u1A1(u2−u1)

A characteristic coefficient for the axial body force force per unit
volume may be defined as,

ψ fx L :=
fxL

1
2 ρ1U2

=
p2− p1
1
2 ρ1U2

+2φ1
2A1

A1 +A2
(φ2−φ1)

The source terms in the circumferential momentum equation are
due to both the rotor and stator induced flow turning. These
can be calculated along the same lines as their axial counterpart.
Specifically, for a constant mean radius, the steady state momen-
tum balance yields,

fθ

A1 +A2

2
L = (ρ2u2A2vθ2−ρ1u1A1vθ1)

= ṁ(vθ2− vθ1)

and the characteristic circumferential force coefficient can be ex-
pressed as,

ψ fθ L :=
fθ L

1
2 ρ1U2

= 2φ1
2A1

A1 +A2
(φ2 tanα2−φ1 tanα1)

Finally, a consideration of steady state energy balance yields,

ẇsL := ṁ
2

A1 +A2
∆h0

where ẇs is the shaft power per unit volume. For the rotor row,
the circumferential body force and work are related through,

ẇs = fθU

The form of the terms on the right in the expressions above is
probably familiar to most researchers. Work and pressure coeffi-
cients are fundamental characteristics of any stage. Thus the ex-
pressions above show that the shaft power and body force terms
are also characteristics of a stage.

It is generally accepted that a first order lag equation relates
the unsteady force term to its steady counterpart. The unsteady
body force is then given by,

τ
d
dt

funsteady + funsteady = fsteady

As the work is a consequence of the forces, it may be appropriate
to assume a similar relationship between unsteady and steady
shaft power source terms.

Numerical Scheme A variety of numerical schemes
have been developed over the years that can be applied to prob-
lems governed by conservative laws. A generic conservative law
with source terms can be written as,

∂

∂ t
u(x, t)+

∂

∂x
f (u) = q(u) (2)

Where u(.) is the conserved variable, f (.) is the flux, and q(.) is
a source term.

An in-depth discussion of numerical methods for fluid dy-
namics is beyond the scope of this paper. Briefly, the numerical
methods can be classified as finite difference or finite volume
methods. The finite volume methods are generally considered to
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be more suitable for flows where a discontinuity may arise. The
numerical schemes may also be classified as upwind schemes
and central difference schemes. Although the upwind schemes
are generally superior in terms of lower numerical dissipation
and higher accuracy, they require an exact or approximate Rie-
mann solver, adding to their complexity. The upwind schemes
are also considered to be more aligned with the flow physics.
Traditionally, the central schemes tend to be more dissipative
than upwind schemes. However, the recent improvements in cen-
tral difference schemes have significantly improved their ability
to correctly capture flow discontinuities.

The Lax-Friedrichs (LxF) is one of the earliest central differ-
ence schemes. Nessyahu and Tadmor [17] (NT) proposed a mod-
ification of the basic LxF scheme to improve its accuracy as well
as lower the numerical viscosity. Building on the NT scheme,
Kurganov and Tadmor [18] introduced a central difference ap-
proach with even lower numerical viscosity. A key aspect of
the Kurganov-Tadmor (KT) scheme is the existence of the semi-
discrete variant, where the original partial difference equation
is transformed into an ordinary differential equation (ODE). It
is typically easier to incorporate source terms in a semi-discrete
numerical scheme. The resulting ODE can be solved via any
standard ODE solver. In particular, the family of Runge-Kutta
solvers has been found to be suitable for this purpose. The mod-
ern central difference schemes retain one of the key advantages
of the LxF scheme, they do not require the construction of a Rie-
mann Solver.

Numerical schemes can be compactly expressed if it is as-
sumed that the computational grid is uniformly spaced. How-
ever, where the compressor is concerned, it is more natural to
place grid points at the inlet and outlet of blade rows, leading to a
non-uniformly spaced grid. Consequently, the KT semi-discrete
scheme has been adapted to a non-uniform grid. For a conserva-
tive law of Eqn. 2, the semi-discrete form for a non-uniform grid
is given by,

d
dt

u j(t) =−
H j+ 1

2
(t)−H j− 1

2
(t)

∆x j,c
+q(u j(t))

The numerical flux, H, can be expressed as,

H j+ 1
2
(t) =

f (u+
j+ 1

2
)+ f (u−

j+ 1
2
)

2
−a j+ 1

2

u+
j+ 1

2
(t)−u−

j+ 1
2
(t)

2

where the value of the conserved variable u due to left and right
traveling waves is given by,

u+
j+ 1

2
= u j+1(t) −ux j+1(t)

∆x j+1,c

2

u−
j+ 1

2
= u j(t) +ux j(t)

∆x j,c

2

For a non-uniform grid, both central and one-sided deltas are
required. Specifically,

∆x j,c =
x j+i− x j−1

2
∆x j = x j+i− x j

with

∆ux j = minmod(θ
u j−u j−1

∆x j−1
,

u j+1−u j−1

2∆x j,c
,θ

u j+1−u j

∆x j+1
)

1≤ θ ≤ 2
a j+ 1

2
= maximal local speed of sound

The parameter θ affects the dissipation of the scheme, with θ = 2
corresponding to the least dissipative formulation. A value of 1.8
has been used in the present work.

Although the central schemes tend to be more dissipative
than upwind schemes, the simulation of the “shock tube” prob-
lem using the KT central scheme shows that it can accurately
capture the normal shock as well as the contact surface [18].
Consequently, the KT central difference scheme is considered
to be suitable for present work.

Simulation Studies
Georgia Tech has pioneered a compressor stability measure,

called the correlation measure, that is sensitive to local stage sta-
bility [19]. Experience with this measure suggests that a weaker
stage, one that exhibits sub-par performance can cause a differ-
ent stage to stall. A hypothetical 3-stage compressor has been
simulated in order to investigate this phenomenon. Of particu-
lar interest is the role of the degraded stage on the stall process.
This hypothetical compressor comprises the first 3 stages of the
E3-compressor operating at design speed.

At the start of the simulated test, the compressor is operating
near its stall point. A milli-second into the run, the exit throttle
is closed by a fixed amount in a single step. The plenum acts as
a filter, converting the step input into a ramp like increase in the
back pressure. Depending on the case, the compressor stalls 3ms
to 6ms into the run. Results are presented in the form of static
pressure and axial velocity time traces. Static pressure probes
are typically the only instrumentation located in-between stages.
Frequently, a stalling stage is identified by a sharp pressure rise
upstream of it and a corresponding pressure drop downstream.
The axial velocity or local mass flow rate, if available, would be
a better indicator of a stalling stage. Results for both pressure and
velocity are presented to illustrate the correlation, or lack there
of, between the trends observed in each case.
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FIGURE 3. The nominal stage characteristics of hypothetical 3-stage
compressor. The solid diamond symbols mark the position on the stage
characteristics that corresponds to stall onset (dashed vertical line in
Fig. 4).

It is emphasized that due to the 1-D nature of the simulated
model, rotating stall cannot be explicitly captured. Both stall
and surge in the context of this model denote the onset of global
compression system instabilities.

Nominal Response The nominal pressure-velocity co-
efficient characteristics are shown in Fig. 3. As noted, the solid
diamond symbols identify the operating point on the particular
characteristic that corresponds to the stall onset of the entire sys-
tem. It may be observed from the pressure traces in Fig. 4 that
the compression system stalls 4ms into the run. The first sign of
trouble in the pressure traces is a sharp pressure rise at the inlet
of the 3rd rotor. A nearly simultaneous jump in the pressure at
the inlet to the downstream stator can also be observed, along
with a drop in pressure at its exit. The usual interpretation would
suggest that the 3rd stage has stalled, leading to a global system
instability.

It may be noted that although the small drop in the pres-
sure at the inlet to the 3rd stage stator is visible in the simulated
results, it is unlikely that a drop of this magnitude would be cap-
tured in experimental data. In principle, frequency analysis of
fast response pressure sensor can isolate the start of this expan-
sion wave. However, experience shows that real-life signals con-

FIGURE 4. Pressure time history when the nominal compressor is
throttled into stall. First noticeable change to the gradual pressure rise
can be observed in the pressure jump at the inlet to the 3rd rotor.

tain a range of frequencies and it is not trivial to separate signal
from noise without prior knowledge of frequencies of interest.

An investigation of the flow velocities also shows a similar
trend. The flow velocities at each station vary gradually, decreas-
ing till the system stalls. The first break in the smooth trend can
be observed in the velocity at the inlets to the stage 3 rotor and
stator (Fig. 5). A re-evaluation of Fig. 3 also shows that at the
stall onset, stage 1 and 2 are operating in the negatively inclined
portion of the respective characteristics. Stage 3 rotor is the first
row where the operating point moves to the positively sloped por-
tion of the characteristics.

Wider Operating Stage As the 3rd stage was deemed
to be the stalling stage, the next case incorporates a wider op-
erating 3rd stage. The first two stages remain unchanged. The
characteristics of the improved compressor are shown in Fig. 6.
The unstalled behavior of this system is nearly identical to the
nominal compressor. Analysis of the pressure time traces pre-
sented in Fig. 7 indicates that the 2nd stage may be the stalling
stage. The first pair of compression and expansion wave can be
observed upstream and downstream respectively of the 2nd sta-
tor. The instability quickly spreads to the entire machine. It may
be noted that the overall pressure ratio of the machine at stall
is similar to that of the nominal compressor. This suggests that
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FIGURE 5. Axial flow velocity time history when the nominal com-
pressor is throttled into stall. The sharp drop in the velocity at the 3rd
rotor and stator is consistent with the pressure waves emanating from
the two rows.

improving a single stage may not yield any benefit at a global,
system level.

The transient behavior of the axial velocities is not entirely
consistent with the observations made using the pressure time
traces. As evident in Fig. 8, the first noticeable change in the ax-
ial flow velocity occurs at the inlet to the 2nd rotor (dark green),
and precedes the drop in the flow velocity at the inlet to the
2nd stage stator (olive). The drop in the stator’s inlet velocity
is aligned with the dashed vertical marker, whereas the flow ve-
locity at the rotor inlet starts dropping approximately 0.5ms be-
fore the marker. The stage characteristics (Fig. 6) show that at
the point of stall onset, both the rotor and stator of the 2nd stage
were operating at the positive sloped portion of their respective
characteristics.

Weak Stage A third scenario consists of a significantly
weaker 2nd stage coupled with nominal 1st and 3rd stages. It
may be natural to expect that the 2nd stage would be the stalling
stage for such a compressor, however the simulated test shows a
murkier picture. The characteristics of the three stages are shown
in Fig. 9. The second stage characteristic is nearly symmetric
around the peak pressure rise point, and gently transitions from
negative to positive slopes. The nominal 2nd stage is negatively

FIGURE 6. Stage characteristics for the hypothetical 3-stage com-
pressor where the 3rd stage has a higher operating range. The solid
diamond symbols mark the position on the stage characteristics that cor-
responds to stall onset (dashed vertical line in Fig. 7).

sloped till flow coefficient is reduced to 0.43. Its weaker counter-
part has a positive sloped characteristic for flow coefficients less
than 0.46. This is a significant reduction in the performance of a
stage.

The pressure traces for a compressor with weakened 2nd
stage are shown in Fig. 10. The first significant sign of a sharp
pressure-rise can be seen at the inlet to the 3rd stator. This would
lead one to conclude that the 3rd stage is the first to stall.

The stall sequence picture is not really clarified by the axial
velocity transients. As seen in Fig. 11, the drop in flow veloc-
ities is nearly simultaneous across the 2nd and 3rd stage rows,
with the 2nd stage rows slightly preceding the 3rd row. The op-
erating point of the three stages relative to their characteristics at
stall onset, marked in Fig. 9, illustrates the issues with conclud-
ing that the 3rd stage is the stalling stage. Both the rows of the
2nd stage are operating well into the positively sloped portion of
the respective characteristics. On the other hand, the 3rd stage
operating point is just to the left of the peak in its characteristics.
Further, in this controlled experiment, the 2nd stage was delib-
erately weakened and it would be natural to expect that it would
lead to eventual system instabilities.

In essence, the simulated results show that upto a point, the
destabilizing 2nd stage is countered by the stabilizing 1st and
3rd stages. The global instability is initiated when the 3rd stage
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FIGURE 7. Pressure time history when the improved compressor is
throttled into stall. First noticeable change in the gradual pressure rise
can be observed in the pressure at the inlet to the 2nd stator.

FIGURE 8. Axial flow velocity time history for the compressor with
an improved 3rd stage. The sharp drop in the velocity at the 2nd rotor is
not completely consistent with the pressure waves emanating from the
same location.

FIGURE 9. Stage characteristics for the hypothetical 3-stage com-
pressor where the 2nd stage is weaker than normal. The solid diamond
symbols mark the position on the stage characteristics that corresponds
to stall onset

is unable to sustain the higher loading necessary to offset the loss
of pumping of the 2nd stage. It is emphasized that the simulated
3-stage compressor comprises of the first 3 stages of the E3 com-
pressor and is not a well matched 3-stage compressor. However,
the results observed here are applicable to a general multi-stage
compressor. In particular, a weak or under-performing stage
leads to a re-matching of the entire machine and can trigger a
nominal stage into stalling the overall compression system.

Summary
This paper describes a 1D numerical simulation model that

has been developed to investigate the impact of stage character-
istics, as well as load distribution on the compression and expan-
sion waves that develop prior to a surge event. The formulation
used in this work is similar to that used by prior researchers.

Analysis of a hypothetical compressor highlights the chal-
lenges in identifying a stalled stage based on static pressure time
traces. In addition, results show that a weak stage may not be
the first stage to stall. In essence, the loss of performance of
a particular stage leads to a re-matching of the entire compres-
sor. The stage that eventually stalls may not be the one that
is weaker than its design. It may be concluded that the pattern
of compression-expansion waves only reflects the symptom, and
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FIGURE 10. Pressure time history for the case when the compressor
with weaker 2nd stage is throttled into stall. The compression and pres-
sure wave pattern indicates that the 3rd stator may have been the first to
stall.

FIGURE 11. Axial flow velocity time history when the degraded
compressor is throttled into stall. The local flow velocity drops simulta-
neously at 2nd and 3rd blade rows.

not the root cause of any unexpected compression system insta-
bilities.

For a compressor designer the two questions: “Which stage
should I improve?” and “Which stage stalled first?” are not nec-
essarily related. Further, the results presented here highlight that
the improvements to a single stage may not yield a significant
overall benefit.

The model developed and utilized in this paper only con-
siders the axial flow perturbations. Although the rotating modes
cannot be explicitly modeled via the pursued approach, the ef-
fect of rotating stall can be implicitly included via an appropriate
choice of source terms. In particular, the time-averaged loss of
pumping due to stall is reflected in the sharp positive slope of a
stage characteristic to the left of its nominal stall point. However,
a quasi 1D formulation cannot be used to study the dynamic in-
teraction between rotating and axial modes of a compressor. A
coupling between the rotating stall cells and 1D axial waves can
potentially affect the static pressure signature, compounding the
analysis of the compressor stall sequence.

Future work will explore the possibility of directly incor-
porating circumferential perturbations. A goal of this work has
been to produce a numerical simulation that runs quickly and
hence enables a designer to carry out trade studies. It is expected
that a 2D model would be computationally more expensive. The
basic framework allows for simulating non-adiabatic flow via use
of heat source/sink terms. A possible extension is to incorpo-
rate heat addition in the plenum and hence simulate a gas turbine
combustor.
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